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The issues of high energy consumption of conventional HVAC system and 
the demand for reducing pollution have motivated the development of new 
technologies in air-conditioning.  
In this dissertation, an energy-saving and environmentally-friendly air-
conditioning method has been investigated. The key component is a 
regenerative indirect evaporative heat exchanger (IEHX) based on the M-cycle.  
The review of previous studies indicated several research questions as 
follows: (ⅰ) existing studies have yet to adequately study a novel configuration 
with helpful means of completely separating the working air from the product 
air; (ⅱ) the structure of regenerative IEHX required optimization in order to 
achieve a higher cooling effectiveness; (ⅲ) a practical approach was needed for 
designing and analyzing the performance; (ⅳ) the complicated air treatment 
process with a possibility of condensation in the dry channel has not been clearly 
studied; and (ⅴ) work related to combining IEHX with liquid desiccant in one 
compact unit was scarce. 
The current work is proposed to address these issues. To achieve a 
fundamental understanding and extend the application of the regenerative IEHX, 
following efforts have been made. 
First, an experimental study was conducted and employed as a basis for 
 X 
 
further model validation and system optimization. A counter-flow regenerative 
IEHX and a cross-flow regenerative IEHX were constructed and tested. An 
experimental setup was designed to investigate the impacts of varying inlet air 
temperature and inlet air velocity on the performance of IEHX.  
Next, mathematical models have been developed for exploring the 
fundamental concepts of the heat and mass transfer phenomena. An analytical 
model for IEHXs has been established via a modified log mean temperature 
difference (LMTD) method to account for the latent heat transfer due to water 
evaporation. It has been shown that the proposed analytical model was a 
practical approach to design and analyze the performance of IEHXs. In addition, 
a numerical model has been developed to enable the study of a new M-cycle 
design in which the working air and the product air were entirely separated. The 
impacts of key parameters on its performance have been investigated. 
Simulation results showed that the cooler could achieve wet-bulb effectiveness 
of up to 132%. Based on the simulation result, optimizations have been made in 
terms of the inlet air velocity and the dimension of the air flow passage. 
Furthermore, a hybrid system, that employs an IEHX as a pre-cooling unit, 
has been introduced for humid tropical climate application. A computational 
model has been developed to theoretically investigate the performance of an 
IEHX with a possibility of condensation in the dry channel. Simulation results 
indicated that the hybrid system was able to realize significant energy savings. 
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Finally, a compact desiccant-evaporative heat and mass exchanger (HMX), 
which combined the advantages of indirect evaporative cooling and liquid 
desiccant dehumidification, was introduced. The air treatment process indicated 
that the product air can be cooled and dehumidified simultaneously in the HMX. 
For a specific inlet temperature and humidity ratio condition, a desired outlet 
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Chapter 1 Introduction 
1.1 Background and motivation 
The well-being of our lives depends on safe, sustainable and affordable 
energy. In spite of the rise in fossil fuel prices, the world energy consumption is 
continuously increasing due to the facts such as the increase of the world 
population, improvement of living conditions and the economic growth [1]. The 
growing trend is predicted to be continued. Prediction shows that energy 
consumption in developing regions will increase rapidly with an average annual 
rate of 3.2%, and will exceed that for the developed nations by 2020 [2]. The 
energy problem is thus one of the greatest challenges we have to face.  
Energy consumption in buildings accounts for 20-40% of the total final 
energy consumption in developed countries. Building energy consumption is 
growing steadily and it has exceeded the energy consumption in industry and 
transport. Reasons for this increase include: growth in population, improvement 
of building services, requirement of comfort levels, and longer time spent inside 
buildings. It is predicted that, in developing countries, the energy consumption 
in buildings will be doubled in the next 25 years [2]. In addition, it is reported 
that buildings are responsible for about one third of the global green house gas 
(GHG) emissions [3]. 
In developed countries, heating ventilation and air-conditioning (HVAC) 
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systems, which is the largest energy user in both the residential and non-
residential buildings, consumes around 50% of the energy used in building [2]. 
In some developing countries, the energy consumption in HVAC is greater 
because of the poor insulation and inefficient HVAC systems [4].  
Air conditioning, a component of the HVAC system, has become a part of 
the people’s life needs. Three basic types of air conditioning system include: (1) 
mechanical vapor compression system; (2) absorption system; and (3) 
evaporative cooling system. The mechanical vapor compression system 
dominates the current air conditioning market. However, the compressor 
consumes a significant electrical power. Additionally, many refrigerants, such 
as chlorofluorocarbons (CFCs) and hydrofluorocarbon (HFCs), are ozone 
depleting and global warming inducing compounds. In 1997, CO2 and HFCs 
were included in the Kyoto Protocol for the objective to reduce GHG emissions 
[3]. 
In order to further reduce the global energy use and the associated GHG 
emissions, it is necessary to develop an energy-saving and environmentally-







1.2 Green air-conditioning system 
Evaporative cooling, which takes advantage of the large latent heat of 
water evaporation, is considered as a possible alternative to the mechanical 
vapor compression system. Evaporative cooling is a physical phenomenon in 
which air is cooled by vaporizing water. The temperature of air can be reduced 
significantly due to the phase change of liquid water to water vapor, which can 
produce cooled air using much less energy than refrigeration. The evaporation 
of one gram of water could result in 2.26 kJ of energy to be transferred. 
Evaporative cooling has gained growing attention for use in cooling 
technologies [5].The advantages of using evaporative cooling are as follows [6]: 
(1) Substantial savings on energy and cost; (2) Reduced peak power demand; 
(3) No CFC usage; (4) Reduced pollution emissions; (5) Life-cycle cost 
effectiveness; and (6) Easy integration with built-up systems. Therefore, 
evaporative cooling system is a pragmatic option for reducing the energy 
consumption for cooling and the environmental issues caused by refrigerants. 
An indirect evaporative heat exchanger (IEHX) comprises two air streams, 
namely product air (or primary air) in dry channel, and working air (or 
secondary air) in wet channel. Plate type heat exchanger is commonly employed 
for indirect evaporative cooling. To improve the efficiency of the conventional 
IEHX and further reduce the cooled air temperature to below its wet-bulb 
temperature, a regenerative IEHX has emerged [7,8]. The temperature 
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limitation in the regenerative IEHX is the dew-point temperature of the inlet air. 
Such an air flow arrangement is also termed as the M-cycle [9–11].  
It is noteworthy that work done on the regenerative IEHX is still at its 
infancy stage. Several limitations and research questions still remain, such as (1) 
existing studies have yet to adequately study the helpful means of completely 
separating the working air from the product air, (2) the structure of regenerative 
IEHX requires optimization in order to achieve a higher cooling effectiveness, 
(3) a practical approach is needed for designing and analyzing the performance, 
(4) the complicated air treatment process with a possibility of condensation in 
the dry channel has not been clearly studied, and (5) work related to combining 
IEHX with liquid desiccant is scarce. These research questions open up 
opportunities for this work. This dissertation presents mathematical modelling 
and experimental study on novel designs of an indirect evaporative cooing 
system based on M-cycle.  
 
1.3 Objectives 
The objectives of this study are to: 
(1) Conduct experimental study on two IEHX prototypes (i.e. a counter-
flow regenerative IEHX and a cross-flow regenerative IEHX). The 




(2) Develop a practical, accurate and fast mathematical method to design 
and study an IEHX with different configurations. The original LMTD method 
will be properly modified so that we can extend the LMTD method to 
investigate the indirect evaporative cooling system.  
(3) Present a general numerical model to enable the study of new M-cycle 
designs. The validated model will be employed to investigate the performance 
of the system under a variety of conditions and to study the influence of various 
parameters. 
(4) Investigate the performance of an IEHX used as pre-cooling unit under 
hot and humid climate. 
(5) Conduct theoretical study on a compact HMX which combined indirect 
evaporative cooling with liquid desiccant dehumidification.  
 
1.4 Outline 
To clearly illustrate the structure of the thesis, a framework of the present 
study is shown in Figure 1.1. The thesis is divided into eight chapters. Brief 
descriptions of each chapter are summarized as follows: 
Chapter 1 describes a general introduction, including the background, 
objectives, and scope of the thesis. 
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Chapter 2 reviews previous literatures related to direct evaporative cooling, 
indirect evaporative cooling, regenerative indirect heat exchanger, and liquid 
desiccant dehumidification.  
Chapter 3 presents an experimental study on the IEHX prototypes. 
Structure design, construction process, experimental setup, experimental 
procedure, and experimental data are provided. 
Chapter 4 develops an analytical model which is based on modifications 
of the original LMTD method. Taking a counter-flow regenerative IEHX as an 
example, the design procedure and its performance analysis are illustrated. 
Chapter 5 presents a numerical model to enable the study of new M-cycle 
designs. An improved IEHX design is introduced for air cooling applications. 
Employing the validated model, the performance of the system and the 
influence of various parameters are investigated.  
Chapter 6 provides a theoretical evaluation of a pre-cooling IEHX 
operating in hot and humid climate. A numerical model is developed to study 
the performance of an IEHX with a possibility of condensation occurred in the 
dry channel. The air treatment processes, temperature and humidity ratio 
distributions, cooling effectiveness, cooling capacities and energy 
consumptions are examined.  
Chapter 7 introduces a desiccant-evaporative cooling technique which 
combines the benefits of indirect evaporative cooling and liquid desiccant 
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dehumidification. A numerical model is employed to investigate the air 
treatment process and the thermal performance of the compact desiccant-
evaporative HMX. 
Chapter 8 summarized the major results in this study. The 
recommendations for future works have been provided.  
 
 




























Chapter 2 Literature review 
Evaporative cooling is one of the oldest methods to provide cooled air. The 
ancient Egyptians first took advantage of evaporative cooling by using porous 
clay jars filled with water for purpose of air cooling. Modern evaporative 
cooling begins in USA from early 1900s [7]. Air washers and textile mill 
evaporative cooling were first devised for industries in New England and the 
seaboard South between 1900 and 1930 [12]. 
As one of the solutions for green air-conditioning, the evaporative cooling 
system is becoming increasingly attractive [5,7,13]. Many research works have 
been carried out to study the performance of various types of evaporative 
cooling system. The important results and conclusions of previous works are 
reviewed in following sections. 
 
2.1 Direct evaporative cooling 
Direct evaporative cooling (DEC) is employed to reduce the air 
temperature by directly using the latent heat of water evaporation. The warm 
dry air is processed to a cool moist air due to the heat absorption as the liquid 
water is changed to vapor. In this process, the air is cooled and humidified as 





Figure 2.1 Direct evaporative cooling system. (a) Schematic structure of 
DEC. (b) Psychometric illustration.[14] 
As shown in Figure 2.1(b), the air stream experiences an approximate 
isenthalpic process. The warm ambient air enters the DEC from state 1 and 
exchanges the heat and mass with water. The air stream absorbs water vapor 
until the air is close to saturation. Since sensible heat is converted to latent heat 
when water vaporizes, the dry bulb temperature of the air decreases at the same 
time. The air is finally delivered at state 2. Theoretically, the processed outlet 
cooled air is limited by its inlet wet-bulb temperature.  
DEC system has several advantages such as its simple structure, relatively 
cheap initial and maintenance costs. DEC system is suitable for hot and arid 
regions because the capacity to absorb water vapor is directly influenced by the 
humidity of the air stream [15–18]. Numerous researchers have developed 
fundamental mathematical models and conducted experimental studies on the 




2.1.1 Mathematical modelling of DEC system 
Comprehensive mathematical model is necessary to reveal the heat and 
mass transfer characteristics in the cooler. The latent heat in association with the 
evaporation dominates the heat transfer in the air stream [19–21]. Halasz [22] 
presented a general non-dimensional mathematical model for evaporative 
cooling devices including water cooling towers, evaporative coolers, air 
washers, etc. By introducing non-dimensional coordinates and parameters, the 
equations describing non-adiabatic evaporation processes were transformed to 
non-dimensional forms. This model provided a basis of simple and accurate 
methods for analyzing different types of evaporative cooling devices. Wu [23,24] 
theoretically analyzed the heat and mass transfer in a direct evaporative cooler 
and proposed a simplified cooling efficiency correlation which could be applied 
to a water-drip cross-flow direct evaporative cooler. The direct evaporative 
cooling process was similar to that in cooling towers. The water spray-based 
evaporative cooling and humidification was studied by a numerical model 
developed by Sureshkumar et al. [25]. They generated the droplet diameter-
velocity combinations by using the Maximum Entropy Formulation. Dai and 
Sumathy [26] presented a mathematical model to investigate the performance 
of a cross-flow evaporative cooler employing honeycomb paper as the packing 
material, which was compact in size and could act as a humidifier in arid region. 
In most of the mathematical models, the Lewis factor was assumed to be 1 
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in order to simplify the governing equations. The Lewis factor is defined as the 
ratio of the heat transfer Stanton number to the mass transfer Stanton number 
[27]. Kloppers [28] studied the influence of the Lewis factor on the performance 
of water evaporation process. It was demonstrated that the amount of water 
evaporation was a function of the Lewis factor. The influence diminished when 
the inlet air temperature was relatively high.  
 
2.1.2 Experimental study and application of DEC systems 
To reflect the cooling performance, a key factor called wet-bulb 




       (2.1) 
The wet-bulb effectiveness indicates how close the outlet air temperature to the 
wet-bulb temperature under a specific inlet condition. It is one of the design 
parameters to reflect the performance of the evaporative cooling system.  
A typical direct evaporative equipment employs either an extended wetted 
surface material (e.g., packaged air coolers) or with a series of sprays (e.g., an 
air washer) [29,30]. Considering the evaporative media and system 
configurations, the DEC equipment can be divided into three categories, i.e., 
random-media air coolers, rigid-media air coolers, and remote pad evaporative 
cooling equipment. Random-media air coolers involves evaporative pads which 
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is made of aspen wood or absorbent plastic fiber/foam. Pads are mounted in 
removable louvered frames made of steel or plastic. Water is distributed to the 
pads by troughs. The air is forced through the evaporative pads and delivered 
for cooling application. For the rigid-media air coolers, blocks of corrugated 
materials (such as cellulose, plastic, and fiberglass) are employed to form the 
wetted surface. The cross-corrugated medium creates a horizontal air flow and 
a vertical water flow. A flooding header and water distribution chamber provide 
water over the medium surfaces. The cooler can be easily connected to ductwork 
by using flanges at the inlet or outlet. For the remote pad evaporative cooling 
equipment, exhaust fans are installed in the wall or roof of the building, while 
the wet pads are equipped on the other end of the building. The pads are wetted 
by perforated pipes or high-pressure fogging nozzles from above. Cooled air is 
produced when it is forced through the wet pads. This arrangement has been 
successfully applied in greenhouses or similar applications [31]. 
Camargo et al. [32] conducted an experimental study on a direct 
evaporative cooler in a Brazilian city. The evaporative cooler, which employed 
an evaporative pad with 610×335×152 mm3, was installed in a room of 
6.50×5.30×2.90 m3. Operating under varying outdoor dry bulb temperature 
conditions, the wet-bulb effectiveness of the cooler was in the range from 0.65 
to 0.8. Somasundaram and carrasco [33] designed and tested a roof-spray 
cooling system installed for an office building. Test results showed that the 
 14 
 
system was able to effectively reduce the heat transfer rates and the surface 
temperature of the roof as well as the inside temperature. In addition, some 
researches have investigated the feasibility of using different types of material 
as the evaporative pads [34–38]. Saturation efficiency, static pressure drop, 
evaporation rate, and cooling effectiveness were considered as the performance 
criteria in evaluating the performance of the material. 
One application of direct evaporative cooling is for green house. Figure 2.2 
shows a wall of a greenhouse equipped with evaporative cooling pads which 
acts as a ventilation inlet. The incoming air can be cooled as it passes through 
the wet pads. 
 
Figure 2.2 An evaporative cooling pad installed along the entire 
ventilation inlet opening in the wall of a greenhouse [39] 
Shukla et al. [40] experimentally studied a cascade greenhouse with inner 
thermal curtain. The greenhouse was separated into two zones by the thermal 
curtain. A fan-pad system was adopted as direct evaporative cooling. The 
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temperature of these two zones was reduced by 5 °C and 8 °C respectively due 
to the combination of a direct evaporative cooling system and a thermal curtain. 
However, the main disadvantage of DEC is that the air humidity increases 
in the unit. Despite the temperature reduction, a higher humidity could make 
conditions uncomfortable for humans [15,41].  
 
2.2 Indirect evaporative cooling 
Indirect evaporative cooling (IEC) system usually employs some types of 
heat exchanger. The heat exchanger could be divided into two separate flow 
passages as illustrate in Figure 2.3. The flow passage for primary (product) air 
is kept in a dry condition, while water is only supplied in the other side of the 
heat exchanger. There is no direct contact between the primary (product) air and 
the secondary (working) air. The heat is transferred from the primary air to the 
working air due to the water evaporation in the wet side. As a result, the IEC 
heat exchanger is able to cool the primary (product) air without absolute 
moisture change. The secondary air (working air) stream with increased 
humidity ratio is finally exhausted.  
Figure 2.3 (b) illustrates the air treatment process of an IEC heat exchanger 
on the psychrometric chart. Both primary and secondary air enter the heat 
exchanger with the same condition (e.g. state 1 in the figure). The wet side can 
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be approximated as a DEC system in which the secondary air is cooled and 
humidified. The condition of the secondary air may be changed from point 1 to 
point 3. On the other hand, the primary air loses sensible heat to the wet side 
and keeps a constant moisture content, resulting in a change of state from point 
1 to point 2.  
 
Figure 2.3 Indirect evaporative cooling system. (a) Schematic structure of 
IEC [14]. (b) Psychometric illustration.  
The performance of the IEC heat exchanger can be evaluated by the wet-
bulb effectiveness as well. The heat exchanger is capable of achieving a wet-
bulb effectiveness ranging from 40-80% [42,43]. The primary air typically 
experiences a static pressure drop of 60-185 Pa, while the pressure loss for the 
secondary air varies from 200 to 225 Pa. The secondary air may employ either 
the building return air or the outdoor fresh air. The cooling energy efficiency 




2.2.1 Mathematical modelling of IEC system 
Modeling and computational simulation are essential in designing and 
analyzing an IEC system. Many works have been conducted to study the 
complex thermal process. In general, the related theoretical studies include 
analytical solutions and numerical simulations. Table 2.1 compares several 
selected mathematical studies on the IEC system 
For the analytical works, researchers tried to develop general solutions 
based on traditional thermo-fluid theory. In earlier approaches, to simplify the 
development of the model, several assumptions were introduced as follows 
[22,42,44]: (1) air and water properties were constant in the temperature range 
considered; (2) the air flow was fully developed and laminar; (3) the wettability 
of the wet surface was uniform; (4) the thermal resistance of the heat exchanger 
wall was negligible; (5) longitudinal heat conduction was neglected along the 
direction of fluids flow; (6) the Lewis number was unity. 
Selected research works for the analytical solutions are reviewed below. 
Maclaine-cross and Banks [45] proposed a linear approximate model of wet 
surface heat exchangers for evaporative cooling, analogizing from solutions for 
dry surface heat exchangers. It was further improved by Stoitchkov and 
Dimitrov [42]. They presented a correction for the effectiveness of a cross-flow 
plate type IEHX with a water film flows down for indirect evaporative cooling. 
Erens and Dreyer [46] described two modeling approaches and one simplified 
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model for indirect evaporative air coolers. Ren and Yang [47] presented a 
sophisticated analytical model and considered the effects due to non-unity 
values of Lewis factor, surface wettability, varying spray water temperature, and 
spray water enthalpy change. Almao et al. [48] developed a universal model 
with some simplifications for thermal calculations of a plate type IEC unit. It 
can be used for energy analyses and system optimization. Several related 
analytical works were also found in literatures [44,49–56].  
For the numerical studies, researches focused on the details of the heat and 
mass transfer process occurred in the air streams of the IEC unit. The influential 
parameters include inlet air humidity ratio, air temperature, inlet velocity, and 
water temperature. Differential equations were established for illustrating the 
thermal process. To realize higher level of accuracy compared with previous 
analytical solutions, several numerical models [57–62] were developed by 
considering some influential parameters in actual operation conditions. 
Kettleborough and Hsieh [63] developed a mathematical model for a counter-
flow wet surface plate heat exchanger cooling unit. The theoretical minimum 
temperature in this heat exchange was the initial wet-bulb temperature of the 
ambient air. To gain a better understanding of the heat and mass transfer in a 
cross-flow parallel plate type heat exchanger, Guo and Zhao [64] numerically 
analyzed the influence of various parameters such as the air velocity, the inlet 
humidity and the channel dimension. Zhan et al. [65] numerically compared the 
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performance between counter flow and cross flow heat exchangers for indirect 
evaporative cooling. 
Table 2.1 Summary and comparison of selected mathematical studies on 
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The temperature distribution was 
derived using an energy balance 
analysis; numerical values of “overall 
effectiveness” were used to present 
results 
 
2.2.2 Experimental studies of IEC system 
To verify the accuracy of the mathematical modelling, experimental 
studies were conducted for testing the operational characteristics of the IEC 
systems under varying conditions. Table 2.2 compares several selected 
experimental studies on IEC systems. 
A number of experimental studies have been reported in literatures [43,66–
70]. Plate type heat exchanger and tube based heat exchanger were widely used 
in the experimental studies [52,71–73]. These two types of heat exchangers are 
schematically shown in Figure 2.4 [74,75] and Figure 2.5 [76,77] , respectively.  
Velasco Gomez et al. [74] described an experimental study on an indirect 
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evaporative cooler made of polycarbonate operating under two modes. Exhaust 
air from the climate chamber, which was used as the secondary air, passed 
through one side of the heat exchanger, while the outdoor air was used as the 
primary air. In the first mode, no water was supplied in the exchanger. In the 
second mode, the heat exchanger was employed as an indirect evaporative 
cooler by spraying water to the secondary air. Experimental results showed that 
both wet-bulb effectiveness and cooling capacity of the system increased in the 
second mode. 
 
Figure 2.4 Schematic of a cross-flow plate heat exchanger for indirect 
evaporative cooling (Ref. [75]) 
In addition to the plate type heat exchanger for indirect evaporative cooling, 
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tube-based heat exchangers were reported as well. Tulsidasani et al. [51] 
experimentally and numerically investigated an plastic tube heat exchanger for 
indirect evaporative cooling. They analyzed the impact of the process stream air 
velocity and wet stream air velocity on the COP of the cooler. The optimum 
COP predicted theoretically was compared with the experimental tests under 
summer condition, and the agreement was satisfactory. To maximize the cooling 
performance, the size and geometry could be optimized by using this simple 
analysis. 
 
Figure 2.5 The semi-indirect ceramic evaporative cooler. (Ref.[76]) 
Velasco Gomez et al. [76] experimentally studied a semi-indirect 
evaporative recuperator made with ceramic pipes (SIERCP). The device allows 
cooling the outdoor air that circulates outside the pipes by enabling the recovery 
of the energy associated to the return air, which circulates inside the pipes in 
contact with a stream of water, thus permitting the phenomena of evaporative 
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cooling. The porosity of the material allows the water inside the pipes to be 
capillary transported through the pipe walls to its outside surface. This system 
was compared with a cross flow plate type heat exchanger for indirect 
evaporative cooling by Rey Martinez et al. [78]. In general, the authors 
concluded that the semi-indirect evaporative system performed better than plate 
type indirect evaporative cooler. Velasco Gomez [79] further experimentally 
compared two semi-indirect evaporative systems. One system consisted of a 
bank of ceramic pipes arranged vertically (SIERCP) which had the same 
configuration as the previous system described in Ref. [76] The other system 
employed hollow bricks filled with cooled water. Compared with the one made 
of ceramic pipes, the second system demonstrated a better performance. 
 
 
Figure 2.6 View of the SIERCP operating and setting (Ref. [79]). 
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Table 2.2 Summary and comparison of selected experimental studies on 
the IEC system 
Study Heat exchanger 
demonstrated 
Dimension of the heat 
exchanger 
Testing condition 
[74,75] Cross-flow plate 
IEC 
Height: 0.62 m; 
Width: 0.18 m; 
Length: 0.23 m; 
Panel gap: 9mm,4 mm 
Plate number: 15, 28 
 
𝑉𝑖𝑛= 125 – 400 m
3/h; 
𝑇𝑖𝑛= 25, 30, 35, 40 °C 
[80] Cross-flow plate 
IEC 
Height: 0.6 m; 
Width: 0.6 m; 
Length: 0.6 m; 
Plate gap: 3 mm 
 
𝑚𝑖𝑛= 0.16 – 0.47 kg/s; 
𝑇𝑖𝑛 = 22 °C; 




Height: 0.5 m; 
Width: 0.5 m; 
Length: 0.4 m; 
Plate spacing: 7 mm 
 
𝑉1,𝑖𝑛= 0 – 0.590 m
3/s; 
𝑉2,𝑖𝑛= 0 – 0.472 m
3/s; 
𝑇𝑖𝑛 = 22 – 50 °C; 




Internal d. : 15 mm; 
External d. : 25 mm; 
Section T : 30 mm; 
Section L : 25 mm; 
Section D : 29.15 mm; 
Pipe length : 600 mm 
𝑇1,𝑖𝑛= 25 – 45 °C; 
𝑇2,𝑖𝑛= 22 – 25 °C; 
RH1,in = 20 – 55%; 




[51] Tube type heat 
exchanger 
Diameter: 2.54 cm; 
Length: 1.524 m; 
Number of rows: 13; 
Number of tubes: 169 
𝑇𝑎,𝑖𝑛 = 41 – 45 °C; 
𝑇𝑤,𝑖𝑛 = 26 – 30 °C; 
𝑣𝑖𝑛= 3.5 – 8.0 m/s 
 
[78] Cross-flow plate 
IEC 
Length: 0.3 m; 
Area: 2.25 m2; 
Geometry: flat plates; 
Number of plate: 25 
𝑉𝑖𝑛= 140 m
3/h; 
𝑇1,𝑖𝑛= 24.5 – 40.8 °C; 
𝑇2,𝑖𝑛= 20.6 – 21.8 °C; 
𝑤𝑖𝑛= 0.0039 – 0.0236 kg/kg 
 
[82] Plate type heat 
exchanger 
Plate: 750 * 750 mm; 
Number of plates: 60; 
Plate spacing: 12 mm; 
Plate thickness:0.5mm 
𝑇𝑎,𝑖𝑛 = 21 – 33 °C; 
RHin = 15 – 40%; 
 
Several researchers investigated two-stage evaporative cooling systems. 
Al-Juwayhel et al. [83] carried out an experimental study on the two-stage 
evaporative cooler for two different configurations. In the first configuration, 
the air was pre-cooled in an indirect water-to-air pre-cooler by water coming 
from an external cooling tower. For the second configuration, without a cooling 
tower, the water in the pre-cooler was the cooled water in the direct evaporative 
cooler. Experimental tests showed that the effectiveness of the two-stage 
evaporative cooler could be improved by increasing the mass flow rate of water 
in the air pre-cooler. EI-Dessouky et al. [68] experimentally studied a two-stage 
evaporative cooler, which consisted of an indirect evaporative cooler and a 
direct evaporative cooler, during summer in the Kuwait environment. The wet-
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bulb effectiveness of this system ranged from 90% to 120% with the wet-bulb 
effectiveness of the IEC unit at 20-40% and the wet-bulb effectiveness of the 
DEC unit at 63-93%.  
 
2.3 Regenerative indirect evaporative heat exchanger 
Conventional evaporative cooling systems (DEC and IEC) have several 
limitations: (1) increase in air humidity in direct evaporative cooling system 
resulting in air conditions that are uncomfortable for humans; (2) low cooling 
effectiveness of indirect evaporative cooling system (around 40– 60%) [13]; the 
ultimate cooled air temperature is limited by the wet bulb temperature of the 
ambient air.  
In order to overcome these drawbacks of conventional evaporative cooling 
systems, researchers have investigated possible methods to modify the 
configuration of the cooler so that the outlet air temperature can be reduced to 
below its wet-bulb temperature (the limit for conventional evaporative cooling) 
and approaching its dew-point temperature [9,84–87]. A new type of indirect 
evaporative cooling system based on the ‘‘Maisotsenko cycle (M-cycle)’’ 
[9,11,88], known as the dew-point cooling, has emerged in recent years [7,8]. 
The basic idea of this type of IEC is to branch part of the product air, which is 
pre-cooled, before it is finally delivered [89]. Some researchers named this type 
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of the indirect evaporative heat exchanger (IEHX) as a regenerative IEHX 
[45,90]. 
A cross-flow regenerative IEHX based on the M-cycle is shown in Figure 
2.7 [91,92]. The working principle can be described as follows. The heat 
exchanger comprises numerous alternate wet and dry channels. Both the 
product air and the working air flow into the dry channels. Working air, which 
is part of the incoming air, is diverted into wet channels through the holes 
distributed along dry channels. Product air, which is the other part of the 
incoming air, ﬂows in the dry channels in the direction perpendicular to the 
working air. This arrangement allows the working air to be pre-cooled before 
entering the wet channel. The pre-cooled working air has a much lower 
temperature and a higher cooling potential to absorb heat from the product air 
in the dry channel. As a result, the product air can be cooled without absolute 
humidity change when it is delivered to the building. 
In addition to this cross-flow arrangement, Figure 2.8 presents a schematic 
of a counter-flow regenerative IEHX [93]. The product air and the working air 
flow into the dry channels from the right hand side of the cooler. One part of the 
air stream, which is working air, is diverted into the adjacent wet channels by 
passing through perforated holes distributed at the end of dry channels so that 
the working air flows in the opposite direction to the product air. The pre-cooled 
working air in wet channels absorbs the heat due to water evaporation and is 
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finally exhausted to the atmosphere. Meanwhile, the product air is cooled along 
the dry channels and is delivered for cooling. 
 
Figure 2.7 Schematic of a cross-flow regenerative IEHX based on the M-
cycle for dew point evaporative cooling [91,92] 
 
Figure 2.8 Schematic of a counter-flow regenerative IEHX based on the 
M-cycle for dew point evaporative cooling [93] 
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Numerous theoretical and experimental studies have been conducted to 
investigate the performance of the regenerative IEHX. Selected studies on the 
regenerative IEHX are summarized and compared in Table 2.3.  
Analytical models based on the modification of the original effectiveness-
NTU method were developed to study the performance of a regenerative IEHX 
[94,95]. Hasan [89] presented a method to produce air at a sub-wet bulb 
temperature by indirect evaporative cooling and theoretically studied four types 
of evaporative air coolers: three two-stage coolers and a single-stage counter 
flow regenerative cooler. In addition, numerical models have been developed in 
order to investigate the influence of key parameters on a counter-flow 
regenerative IEHX. Zhao et al. [93,96] conducted numerical study on a counter-
flow indirect evaporative cooler and illustrated the performance of the cooler 
influenced by the inlet air velocity, the dimension of the air- flow passages and 
the working-to-intake air flow ratio. The dynamic performance of this dew point 
evaporative cooler for air conditioning was analyzed in the UK regions [97]. A 
similar counter-flow regenerative IEHX was experimentally and numerically 
investigated by Riangvilaikul and Kumar [98,99]. They investigated the 
performance of the cooler under various inlet air conditions and studied the 
influence of major operation parameters. Zhan et al. [65,100,101] 
comparatively investigated the performance of regenerative IEHX with a cross-
flow or a counter-flow configuration by using a computational model validated 
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by the experimental data. They reported that the counter-flow IEHX could 
provide higher cooling capacity (around 20%) compared with the cross-flow 
IEHX under the same operational conditions. By using a modified ε-NTU 
method, Anisimov et al. [102–108] studied the regenerative IEHX with five 
different flow arrangements based on the M-cycle.  
In addition to these analytical and numerical studies, a number of 
experimental studies on the regenerative IEHX were also reported. Hsu et al. 
[109] investigated four types of wet-surface heat exchangers for evaporative 
cooling. These coolers were a unidirectional unit, a counter flow unit, a counter-
flow closed-loop unit and a cross-flow closed-loop unit. They reported that the 
counter-flow closed-loop IEHX could obtain a wet-bulb effectiveness of up to 
1.3. Bruno [110] conducted an on-site experimental testing of a prototype 
regenerative IEHX installed in both a commercial and residential application. It 
was reported that, by comparing with the mechanical vapor compression system, 
the annual energy saving by using the evaporative cooler was between 52% and 
56%. Similar study was also reported by Rogdakis et al. [111]. Woods and 
Kozubal [112] presented experimental and numerical results on a liquid 
desiccant air conditioner which combined a liquid desiccant dehumidifier and a 
regenerative IEHX. The cooler had a counter flow configuration which was 
similar to the cooler proposed by Zhao [93] and Riangvilaikul [99]. Lee and Lee 
[113] fabricated and tested a regenerative IEHX based on M-cycle. The flat 
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plate type IEHX was manufactured with multiple fin structure to extend contact 
surfaces. To improve the cooling performance, it was suggested that the flow 
rate of evaporating water should be within the limit of uniform water 





Table 2.3 Summary and comparison of selected studies on the regenerative IEHX 
Study Method Flow 
arrangement 
Dimension of the heat 
exchanger 




Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 10 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 10 mm; 
L = 1000 mm 
𝑇𝑖𝑛 = 28 °C; 
𝑤𝑖𝑛 = 11.42 g/kg; 
𝑣𝑖𝑛 = 1 m/s; 
Optimized the geometrical sizes and operating 
conditions of the cooler; presented modeling 




Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 5 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 5 mm; 
L = 1200 mm 
𝑇𝑖𝑛 = 25 - 45 °C; 
𝑤𝑖𝑛 = 7 - 26 g/kg; 
𝑣𝑖𝑛 = 1.5 – 6.0 m/s; 
Presented static studies and dynamic studies on 
the cooler; developed a numerical model to 








𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 5 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 5 mm; 
L = 1000 mm 
𝑇𝑖𝑛 = 28 °C; 
𝑤𝑖𝑛 = 11.35 g/kg; 
𝑣𝑖𝑛 = 1 m/s; 
Investigated the cooling effectiveness influenced 
by key parameters; conducted comparative study 
between cross and counter-flow cooler;  
[112] Experiment; 
Simulation 
Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 1.85 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 2.0 mm; 
𝑇𝑖𝑛= 25 – 43.3 °C; 
𝑤𝑖𝑛= 3.4-16.2 g/kg; 
Conducted experimental test to examine the 
performance of prototypes for liquid desiccant air 
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L = 560 mm 𝑣𝑖𝑛= 1.1-2.8 m/s; conditioner; developed a numerical model and 
compared the simulated results with the 
experimental data 
[113] Experiment Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 20 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 10 mm; 
L = 200 mm 
𝑇𝑖𝑛= 27.5 – 32 °C; 
𝑤𝑖𝑛= 9.19-18.11 g/kg; 
𝑣𝑖𝑛= 1 m/s; 
Presented experimental results on a counter-flow 
fin-inserted regenerative IEHX under various 
operating conditions; suggested the requirement 




Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 3.5 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 3.5 mm; 
L = 0.5 m 
𝑇𝑖𝑛= 30 °C; 
𝑤𝑖𝑛= 9 g/kg; 
𝑣1,𝑖𝑛= 0.68 m/s; 
𝑣2,𝑖𝑛= 0.47 m/s; 
 
Modifications were made on the original ε-NTU 
method by redefining some parameters; analogy 




Counter-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 5 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 5 mm; 
L = 1200 mm 
𝑇𝑖𝑛 = 25 - 45 °C; 
𝑤𝑖𝑛 = 7 - 26 g/kg; 
𝑣𝑖𝑛 = 1.5 – 6.0 m/s; 
Made modification on the original ε-NTU 
method; validated against experimental data 




[92] Experiment Cross-flow Not available 𝑇𝑖𝑛 = 26.7 – 43.3 °C; 
𝑤𝑖𝑛 = 5.2 – 15.2 g/kg; 
𝑉1,𝑖𝑛=1020–1500 cfm; 
𝑉2,𝑖𝑛=950–1320 cfm 
Assessed the performance of a Coolerado Cooler 
under various conditions; presented experimental 





Cross-flow 𝐻𝑝𝑟𝑜𝑑𝑢𝑐𝑡= 2.5-20 mm; 
𝐻𝑤𝑜𝑟𝑘𝑖𝑛𝑔= 2.5-20 mm; 
L = 0.25-1.25 m 
𝑇𝑖𝑛 = 25 - 45 °C; 
𝑅𝐻𝑖𝑛 = 20-60%; 
𝑣𝑖𝑛 = 1.8 – 7.0 m/s; 
Developed a numerical model based on ε-NTU 
method; considered the uneven fin temperature 
distribution; conducted sensitivity analysis; 







2.4 Combination system 
Since the performance of evaporative cooling system is largely dependent 
on the ambient condition, the evaporative cooler can be operated in tandem with 
other cooling devices in order to achieve a wider application [2,114,115]. 
Several commonly used combination systems are reviewed as follows. 
 
Figure 2.9 Schematic of a combination of IEC and DEC units. (a) 
Combination process; (b) IEC/DEC process in psychrometric chart [115] 
Combination of IEC and DEC. One simple operation method is to 
combine an IEC unit with a DEC unit. For example, a direct cooling unit was 
placed to the downstream side of IEC unit to achieve further cooling of the 
product air [115,116]. In this operation system, ambient air was first cooled in 
an IEC unit and was further cooled and humidified in a DEC unit. Thus the 
product air was finally processed to a lower temperature near saturation state. 
Figure 2.9 illustrate a schematic of the combination system. In some studies, 
room return air was employed as the working air in the IEC unit in order to 
obtain a higher cooling effectiveness [68,81,83].  
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Combination of IEC/DEC with cooling coil. Due to the high energy 
consumption in buildings, it is essential to design an energy-efficient air-
conditioning systems. The IEC/DEC units can be integrated into conventional 
vapor compression air-conditioning system [117–122]. For example, an IEC 
unit was combined with a cooling coil for energy-efficient cooling. Farmahini 
Farahani [123–125] studied a combined system consisting of a nocturnal 
cooling unit, a cooling coil, and an indirect evaporative cooler. The chilled water 
for the cooling coil was provided by nocturnal radiative cooling. In some studies, 
the outdoor hot air was able to be pre-cooled before entering the cooling coil 
[119,126–129]. 
 
Figure 2.10 Schematic of a combination of IEC/DEC units with desiccant 
wheel. (a) Combination process; (b) Air treatment process in 
psychrometric chart [115] 
Combination of IEC/DEC with desiccant dehumidification. The 
application of evaporative cooling system is limited by its humidity control 
capacity. To generate the supply air with a reasonable condition for building 
cooling application in humid climate, evaporative cooling system could be used 
in conjunction with a desiccant system [117,130–138]. For example, 
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Heidarinejad et al. [115] introduced a method for the combination of a desiccant 
wheel and evaporative cooling devices as shown in Figure 2.10. The desiccant 
wheel allowed a decrease of the air humidity ratio and an increase of the air 
temperature. To regenerate the desiccant, an additional heater was required for 
heating the return air to regeneration temperature of the desiccant wheel. In 
addition to solid desiccant, numeral studies reported the usage of liquid 
desiccant as well [80,139–146]. 
 
Table 2.4 summary of combination system using evaporative cooling 
Study Method Combination 
system 
Key features of the system 
[81] Experiment IEC + DEC 
 
The system consisted of an IEC follows 
by a DEC; the effectiveness of IEC/DEC 
unit varied from 108-111% 
[68] Experiment IEC + DEC 
 
Tested under the summer season of 
Kuwait with dry bulb temperatures 
higher than 45 °C 
[83] Experiment IEC + DEC An external cooling tower provided 
cooled water to precool the air 
[147] Simulation IEC + DEC Operation conditions :  
𝑇𝑖𝑛 = 39.9 °C; 
𝑅𝐻𝑖𝑛 = 32.8%; 
𝑇𝑜𝑢𝑡 = 22.5 – 24.6 °C; 
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[148] Simulation IEC + DEC 
(VAV system) 
Theoretic analysis of the application of 
IEC for Iraqi dwelling; the concept of 
VAV system was employed as a control 
strategy 
[82] Experiment Two stage 
DEC 
Consisted of a heat exchanger and two 
evaporative cooling chambers 
[123–
125] 
Simulation Cooling coil + 
DEC; 
Cooling coil + 
IEC; 
Cooling coil + 
IEC+DEC 
The outdoor hot air was pre-cooled in the 
cooling unit before entering evaporative 
cooling unit; the chilled water for the 
cooling coil was provided by nocturnal 
radiative cooling 
[127] Experiment IEC + direct 
expansion 
cooling coil + 
DEC 
The outdoor air was first cooled by the 
IEC; the cooling coil and DEC provided 
additional cooling and dehumidification 
/humidification; integrated into a 
conventional VAV system 
[129] Experiment IEC + Cooling 
coil 
The IEC pre-cool air for a conventional 
mechanical cooling system; the IEC was 
able to reduce the cooling load up to 75% 
in cooling seasons 




The combined system was able to cool 
and dehumidify the outdoor fresh air; it 
could produce chilled water as well; the 
temperature of the chilled water was 











Simulation was carried out for enhancing 
the performance by including 
evaporative cooling, a sensible wheel, 







The solar-powered system was used for 
greenhouses; it demonstrated a better 
performance compared with 
conventional evaporative cooling system 
 
2.5 Liquid desiccant dehumidification 
Air conditioning system should fulfill both sensible and latent cooling 
loads. In conventional vapor compression system, the latent cooling load is 
handled by cooling the process air below its dew-point temperature in order to 
condense water vapor out. The dehumidified air may be reheated thereafter to 
meet the required indoor condition. The over-cooling and reheating processes 
are one of the disadvantages of the conventional vapor compression system due 
to the inefficient method for dehumidification.  
If the latent cooling load was processed separately, these over-cooling and 
reheating processes could be avoid. The use of liquid desiccant for 
dehumidification is one promising alternative. Liquid desiccant cooling systems 
have become increasingly attractive due to its following advantages: (1) 
elimination of the over-cooling and reheating processes in conventional vapor 
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compression system; (2) effective utilization of low-grade heat sources for 
regeneration; (3) independent control over the sensible and latent cooling load; 
(4) less damage to the environment.  
 
Figure 2.11 Schematic of a liquid desiccant system [141] 
Commonly used liquid desiccant includes lithium chloride (LiCl), lithium 
bromide (LiBr), calcium chloride (CaCl2), and tri-ethylene glycol (TEG). A 
liquid desiccant system basically consists of a dehumidifier and a regenerator. 
The driving force for mass transfer is the vapor pressure difference between the 
liquid desiccant surface and the air stream. In the dehumidifier, the water vapor 
is absorbed out of the air by the liquid desiccant because of the lower surface 
vapor pressure of the concentrated solution. The liquid desiccant becomes 
diluted after the dehumidification process.  
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In the regenerator, the diluted liquid desiccant is heated by using an 
external heat source to increase its surface vapor pressure. Thereafter, the water 
vapor is transferred to the regeneration air since the solution has a higher surface 
vapor pressure than that of the air. The concentrated liquid desiccant is then 
recirculated into the dehumidifier to form a complete cycle. A schematic 
diagram of the liquid desiccant system is shown in Figure 2.11.  
The strength of a desiccant is evaluated by its equilibrium vapor pressure 
which is defined as the pressure of water vapor that is in equilibrium with the 
desiccant solution. The equilibrium vapor pressure is influenced by the 
temperature and concentration of the desiccant solution. For example, the 
equilibrium condition of the lithium chloride solution is illustrated on a 
psychrometric chart as shown in Figure 2.12. It is apparent that a concentrated 
liquid desiccant possess a lower equilibrium vapor pressure. In addition, the 
equilibrium vapor pressure decreases by decreasing its temperature. This 
equilibrium line seems coincide with a line of constant relative humidity of the 
moist air. The desiccant can absorb water vapor when the desiccant’s 
equilibrium relative humidity is below the air’s relative humidity, and vice versa. 
Heat will be released due to the absorption of water vapor from the moist air. 
This dehumidification of moist air may be treated as an inverse process of 





Figure 2.12 Psychrometric illustration of the equilibrium condition of 
lithium chloride solution at different concentrations 
The dehumidification performance can be evaluated by the moisture 
removal rate as: 
 ∆𝜔 = 𝜔𝑎,𝑖𝑛 − 𝜔𝑎,𝑜𝑢𝑡     (2.2) 
The dehumidification efficiency is another parameter used for evaluating 




       (2.3) 
where 𝜔𝑠,𝑒𝑞𝑢 is the humidity ratio of the air in equilibrium with the desiccant 
solution.  
Mathematical modelling. Studying the heat and mas transfer process is 
essential for the performance evaluation of the dehumidifier. Numerous 
researchers have conducted theoretical studies on the interaction between the 
liquid desiccant and the air in the dehumidification process and developed both 
 43 
 
analytical and numerical models.  
For the analytical models, the determination of the convective heat and 
mass transfer coefficients is of great importance. Some researchers evaluated 
the overall heat and mass transfer coefficients by some dimensionless 
parameters such as NTU and Le. The NTU is determined by three parameters, 
i.e. the convective mass transfer coefficient, the dimension of the unit, and the 
air flow rate. The Le reflects the relationship between the convective heat 
transfer coefficient and the convective mass transfer coefficient. Yin et al. 
[146,156–158] indicated that the overall convective heat and mass transfer 
coefficients were often derived from experimental results. Liu et al. [159–165] 
analyzed a cross-flow dehumidifier/regenerator using NTU method which was 
correlated from the experimental data. The analytical solution of the NTU 
method was further developed with some simplifications by some researchers 
[166–170]. In addition to the NTU method, another simpler analytical model 
was the empirical effectiveness model. The outlet air parameters can be 
calculated based on the humidity efficiency and the enthalpy efficiency. These 
two efficiencies were derived from experimental data by empirical correlations 
[155,171–173]. 
For numerical models, the differential equations consisted of continuity 
equations, momentum equations, heat diffusion equations and mass diffusion 
equations. The liquid desiccant film was assumed to be evenly distributed on 
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the surface of the dehumidifier. The velocity profiles of the working fluids (i.e. 
moist air and liquid desiccant) were solved according to the momentum 
equations. The finite differential diffusion equations model was developed by 
several researchers to theoretically study the detailed heat and mass transfer 
occurred in the dehumidifier and the regenerator [174–178]. 
Experimental study. In the dehumidifier, the liquid desiccant usually has 
direct contact with the moist air. Many experimental studies were carried out to 
test the dehumidification performance of different types of dehumidification 
equipment. The commonly selected dehumidification equipment is packed 
towers. Packed towers is able to produce a large contact area for the liquid 
desiccant and air. In addition, the air pressure drop through the packed tower is 
acceptable.  
According to the packing method, the packed tower is generally divided 
into two types, i.e. random packing and structured packing. Figure 2.13 
illustrates two different types of packing materials.  
 
Figure 2.13 Examples of packing materials: (a) structured packing 
materials, and (b) random packing materials 
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The random packing have been available since the 1930-1950s [179]. The 
packing material may be metal, plastic, ceramic, and carbon with different sizes. 
The random packing has a low cost, provides a large contact surface area, but it 
creates a high pressure drop on the gas side. The mass transfer correlations were 
derived by Potnis and Lenz [180] from experimental data for both random 
packing and structured packing. Zurigat et al. [181] tested the performance of a 
dehumidifier using TEG as the liquid desiccant. Wood and aluminum were 
employed as the packing materials in two different units. In some experimental 
studies, researcher presented the experimental data and illustrated the influence 
due to the fluids flow rate, fluid temperature, inlet air humidity and liquid 
desiccant concentration [182–185]. 
 
Figure 2.14 Schematic of an internally cooled/heated 
dehumidifier/regenerator 
For the structured packing, the fluid flow becomes uniform. Compared 
with the random packing, the structured packing provides a smaller pressure 
drop on the air side. Some researchers employed a fin-tube HMX [186–188] or 
a plate type HMX in the structured packing [189–191]. Since the moisture 
removal process releases latent heat, the increased temperature may decay the 
strength of the liquid desiccant. The dehumidifier was further improved by 
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incorporating internal cooled elements [192–195]. For example, Yin et al. 
[158,192] introduced a novel internal cooled plate type HMX for 
dehumidification as shown in Figure 2.14. In the water passages, the cooling 
water was used to carry out the heat from the air/solution flowing along the 
adjacent passages. 
 
2.6 Summary  
This review presents recent works regarding the direct evaporative cooling, 
indirect evaporative cooling, regenerative indirect evaporative cooling, and 
liquid desiccant dehumidification. Extensive theoretical and experimental 
studies have been conducted. Representative works were summarized and 
compared in previous sections. To sum up, previous research mainly focuses on 
following points: 
(1) Developing theoretical model for the heat exchangers with different 
flow patterns, and studying the mechanism of heat and mass transfer 
process in the evaporative cooling system. Both analytical and 
numerical models were developed. 
(2) Studying the impact of several key parameters and suggesting the 
appropriate structural parameters. The influential parameters include 
the inlet condition of working fluids (i.e. temperature, humidity, and 
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velocity), dimension of the heat exchanger, and flow arrangement.  
(3) Testing the practical performance of the HMX under varying 
conditions. The experimental studies were employed to validate the 
reliability and accuracy of the theoretical model. The experimental data 
was essential to derive the heat and mass transfer coefficient and the 
overall efficiency. 
(4) Improving the thermal performance based the theoretical and 
experimental studies. The structure design has been continuously 
refined and improved. 
(5) Evaluating the feasibility and economy of the evaporative cooling 
system compared with the conventional air conditioning systems. 
 
In spite of the significant progress in developing evaporative cooling 
system, following research questions still exist in this subject: 
(1) Is it possible to further improve the structure of the regenerative IEHX 
in order to achieve a higher cooing effectiveness? 
(2) Is it possible to develop a simple and accurate analytical method for 
indirect evaporative heat exchangers? 
(3) Is it possible to investigate the detailed air treatment process and the 




(4) In humid tropical climate, when an IEHX employs room exhaust air as 
working air for pre-cooling, the product air may condense in the dry 
channel. Is it possible to develop a numerical model to study this 
phenomenon under humid conditions? 
(5) Is it possible to develop an HMX by combining the benefits of 
evaporative cooling and liquid desiccant dehumidification in order to 
provide cooling and dehumidification simultaneously in one compact 
unit? 
 
These research questions provide the opportunities for this work. 













Chapter 3 Experimental study of indirect 
evaporative heat exchangers 
Two types of indirect evaporative heat exchangers (IEHX) were designed, 
constructed and tested to investigate the performance under specific operation 
conditions. In this chapter, the structural design of the IEHX and the 
construction process are first described. Then, the experimental setup and the 
measurement procedure for the IEHX are illustrated. Finally, experimental 
results are presented and analyzed in terms of the outlet air temperature and the 
cooling effectiveness. 
 
3.1 Description of the structural design 
According to the literature review, regenerative indirect evaporative heat 
exchangers is able to achieve a lower supply air temperature compared with 
conventional indirect evaporative heat exchangers. The regenerative IEHX, 
based on the “M-cycle”, usually has a configuration in which part of the pre-
cooled product air can be branched into the working channel as the working air.  
Two types of regenerative IEHX (i.e. a counter-flow regenerative IEHX 
and a cross-flow regenerative IEHX) were constructed and tested, respectively, 
in this study. 
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3.1.1 Counter-flow regenerative IEHX 
A prototype of a plate-type counter-flow regenerative IEHX was designed 
as schematically illustrated in Figure 3.1.  
 
Figure 3.1 Schematic of the counter-flow regenerative IEHX 
The one-unit channel pair comprises a product channel and two adjacent 
working channels. The inner surface of the wet channel contains fiber which is 
able to retain water on its surface in order to maintain a wet condition. The air 
cooling process in this type of IEHX is described as follows. The intake air, 
which consists of both the working air and the product air, flows into the product 
channel (dry channel). At the end of the product channel, part of the cooled air 
is diverted into the adjacent working wet channels through perforated plates. 
The working air and the product air have a counter-flow arrangement. The 
working air is finally exhausted to the atmosphere. In this IEHX, the product air 
is cooled along the dry channel due to the heat transfer to the working wet 
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channel benefitting from water evaporation.  
The dry channels were made of water-proof material while the wet 
channels were covered with wicking material which allow water to be retained 
on its surface.  
3.1.2 Cross-flow regenerative IEHX 
The second type of IEHX had a cross-flow regenerative arrangement. 
Figure 3.2 is a schematic of the heat exchanger. 
 
Figure 3.2 Schematic of the cross-flow regenerative IEHX 
This cross-flow regenerative IEHX consists of alternate wet and dry 
channels. In part of the product dry channel, holes are distributed along the 
direction of product air flow. While the intake air flows into the product channel, 
part of the air can be steadily branched into the wet channels by passing through 
these holes. As a result, the pre-cooled product air acts as working air which 
flows in the direction perpendicular to the initial product air flow. Similar to the 
first type of IEHX, the heat is absorbed due to the water evaporation in the wet 
working channel.  
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3.2 Construction of the IEHX 
The prototype of counter-flow regenerative IEHX was constructed in the 
Energy Conversion Lab at National University of Singapore. The cross-flow 
regenerative IEHX was manufactured by a vendor. The selection of material, 
the dimension of the prototype, and the construction procedure are stated as 
follows.  
 
3.2.1 Material for the prototype 
Acrylic sheet was used as the air channel supporter and the casing of the 
IEHX. The acrylic sheet was selected due to its light weight, transparent, and 
good thermal insulation. Figure 3.3 shows a sample of the acrylic sheet with a 
thickness of 3 mm.  
 
Figure 3.3 Sample of the acrylic sheet 
The dry channel and the wet channel are alternatively arranged in the IEHX. 
Several considerations are needed in order to fulfill the requirement of the air-
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to-air heat and mass exchanger. In the product channel, the surface of dry 
channel side should employ water-proof material so that no water can be 
penetrated from the wet side. In the working channel, the wet surface should be 
formed by a wicking material which have a good capacity of water adsorption 
and high capillary forces in order to maintain water on its wet surface uniformly. 
Another requirement is that the material should have a thin thickness 
considering the heat transfer between the dry and wet sides. According to the 
literature, the thickness of the wall is recommended to be smaller than 0.5 mm. 
By examining these requirements, therefore, a kind of thin plastic film was 
selected as the wall material dividing the dry product channel and the wet 
working channel. A fiber was chosen as the wicking material in the wet channel. 
Samples of the material are shown in Figure 3.4.  
  
               (a)                             (b) 
Figure 3.4 Sample of (a) the wall material, and (b) the wicking material 
The glue for connecting acrylic sheets used in the experiment included 
ACRIFIX and TOCTIK. 
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3.2.2 Specification of the prototype 
The dimensions for the counter-flow regenerative IEHX and the cross-flow 
regenerative IEHX are listed in Table 3.1 and Table 3.2, respectively.  
 
Table 3.1 Specifications for the counter-flow regenerative IEHX 
Dimension Symbol Value Units 
Product channel gap Hproduct 10 mm 
Working channel gap Hworking 6 mm 
Channel length L 750 mm 
Channel width W 300 mm 
Wall thickness δp 0.3 mm 
Wick thickness δwi 0.2 mm 
 
Table 3.2 Specifications for the cross-flow regenerative IEHX 
Dimension Symbol Value Units 
Product channel gap Hproduct 3 mm 
Working channel gap Hworking 3 mm 
Channel length L 450 mm 
Channel width W 150 mm 
Wall thickness δp 0.3 mm 




3.2.3 Construction procedure 
 
Figure 3.5 Schematic of the air flow channel wall 
The air flow channels are the main parts of the IEHX. The channel wall 
which divides the dry side and the wet side was first constructed. As illustrated 
in Figure 3.5, the channel wall was supported by two pieces of acrylic stripes. 
The dry side was coated with water-proof material while the wet side was coated 
with wicking material. Several holes with a diameter of 8 mm were formed at 
the end of the air flow channel for diverting the air from the product channel to 
the working channel. The air flow channel walls were fixed on the acrylic sheet 
to create smooth surfaces with specific gaps. The outer casing was formed by 
the 3 mm thick acrylic sheet.  
A small water container was constructed at the top of the working channel 
as schematically shown in Figure 3.6. The water container was employed to 
store feed water for the wet side. The wicking material was extended from the 
inner surface of wet channel to the water container. The water in the container 
 56 
 
was pulled to the wet channel by the wicking material due to the capillary effect. 
This water distribution structure was capable of creating a uniform wet surface.  
 
 
Figure 3.6 Schematic diagram of water distribution method 
To generate a uniform air flow in the IEHX, an additional air flow passage 
was constructed before the main body of the IEHX. This part of flow passage 
was equipped with small honeycomb-tube-segments for regulating the air flow 
from the blower.  
Each components of the IEHX was properly connected to form a complete 
prototype unit. The main body of the counter-flow regenerative IEHX prototype 
is shown in Figure 3.7. 
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(a) Front view                   (b) Top view 
Figure 3.7 Main body of the counter-flow regenerative IEHX (a) Front 
view (b) Top view 
The cross-flow regenerative IEHX was constructed as well. Figure 3.8 
shows the complete cross-flow regenerative IEHX prototype. 
 
Figure 3.8 The cross-flow regenerative IEHX prototype 
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3.3 Experimental setup 
The schematic of the experimental setup for the IEHX is shown in Figure 
3.9. A variable speed blower, which was used to control the intake air flow rate, 
was equipped at the inlet of the IEHX. The intake air temperature was adjusted 
by a heater before the blower. The measured parameters included the air 
temperature, humidity, and velocity. The locations of measuring instruments are 
specified in Figure 3.9. The counter-flow and cross-flow regenerative IEHX 
testing systems are shown in Figure 3.10 and Figure 3.11, respectively.  
 
 
Figure 3.9 Schematic diagram of the experimental setup 
 
Table 3.3 indicates all the measured parameters, locations, and 
specifications of measuring instruments. Photographs of some instruments used 





Figure 3.10 The experimental setup of the counter-flow regenerative IEHX 
 




The air dry-bulb temperature was measured using the thermistor probes 
(Figure 3.12 a) with an accuracy of ±0.1 °C. All the thermistor sensors have 
been carefully calibrated before the experiment as shown in Figure 3.13. To 
measure the mean temperature of the air flow, the thermistor probes were 
inserted into the center of the air flow passage. A data acquisition unit (Agilent 
34970A) was used for scanning and recording the temperature.  
The probes of CLIMOMASTER (Model 6531-21, Figure 3.12b) were used 
to measure the velocity and relative humidity of moist air.  
 
Table 3.3 The measured parameters and the specification of measuring 
instruments 
Parameter Locations Instrument Uncertainty 
Dry-bulb 
temperature 
Inlet of product channel; Thermistor probe 
(TJ80-44033-1/8-6) 
± 0.1 °C 
Outlet of product channel; 
Outlet of working channel 
Relative 
humidity 
Inlet of product channel; Humidity sensor 
(CLIMOMASTER) 
2% to 80%:  
± 2.0% 
80% to 98%: 
± 3.0% 
Outlet of product channel; 
Outlet of working channel 
Air velocity Outlet of product channel; Hot-wire 
anemometer 
(CLIMOMASTER) 
± 2.0% of 
reading 
 
Outlet of working channel 
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Figure 3.12 Instruments used in the experiment. (a) Thermistor sensor;    
(b) Humidity and velocity sensor; (c) Data logger. 
 





3.4 Measurement process 
The experimental procedures are described as follows: 
(1) Water was added to the small water container. It was required to wait 
around one hour until the wet surface was fully saturated with water. 
(2) The data logger was switched on. All of the experimental instruments 
were inspected in good operation condition.  
(3) The blower and the heater connected to the inlet were switched on.  
(4) The inlet air flow rate and temperature were adjusted to desired 
conditions by controlling the blower and the heater. 
(5) After the expected inlet condition was achieved and stabilized for 15 
minutes, the temperature was scanned and recorded by the data 
acquisition unit. Meanwhile, the relative humidity and the air velocity 
were recorded. For each steady-state operating condition, all of the 
measured parameters were recorded for at least 15 minutes. 
(6) Once all the measured data had been recorded during a steady-state 
operating period, the blower and the heater could be adjusted to another 
inlet condition. 
(7) After the experiment, the heater, the blower, and the data logger were 




3.5 Uncertainty analysis 
Uncertainty analysis for the experimental study was conducted by 
examining absolute and relative uncertainties. Absolute uncertainty is the 
inevitable difference between the true value and the measured value, while 
relative uncertainty is the ratio of the absolute uncertainty to the best estimated 
value from the measurement [196].  
 
Table 3.4 Directly measureable parameters with example values 
Measured 
variable 




𝑇𝑖𝑛  23.87 °C ± 0.1 °C ± 0.4% 
𝑇𝑜𝑢𝑡  19.07 °C ± 0.1 °C ± 0.5% 
𝑅𝐻𝑖𝑛  54.3 % ± 2 % ± 3.7% 
𝑣𝑜𝑢𝑡  1.02 m/s ± 0.02 m/s ± 2 % 
 
For the directly measureable parameters, the absolute uncertainty is 
considered as the accuracy of the measuring instrument. In this experimental 
study, these directly measureable parameters included the air temperature, the 
relative humidity, and the velocity. The uncertainty of each instrument is listed 
in Table 3.3. For example, the absolute uncertainty of the dry-bulb temperature 
can be evaluated by the accuracy of the thermistor probe as ±0.1 °C. Similarly, 
the relative uncertainties of these parameters can be calculated accordingly. 
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Table 3.4 shows the directly measureable parameters with example values of 
absolute/relative uncertainties.  
For the parameter which was not measured directly but calculated 
according to the measured values, error propagation were conducted to estimate 
the uncertainty. Uncertainty analysis for these calculated quantities were 
conducted based on the following equations [197,198]: 





















where ∆𝑥 is the absolute uncertainty of the independent variable, f represents 
the function of independent variables, and ∆𝑦 is the absolute uncertainty of the 
dependent variable. And ∆𝑦/𝑦  is the relative uncertainty of the dependent 
variable.  
In this study, these parameters include the air flow rate, wet-bulb 








    (3.3) 







Table 3.5 Calculated variables with example values 
Calculated 
variable 




𝜔𝑖𝑛  0.010 kg/kg ± 0.00037 kg/kg ± 3.7% 
𝑇𝑖𝑛,𝑤𝑏  17.57 °C ± 0.31 °C ± 1.8% 
𝑇𝑖𝑛,𝑑𝑒𝑤  14.1 °C ± 0.53 °C ± 3.8% 
𝜀𝑤𝑏  0.76 ± 0.037 ± 4.8% 
𝜀𝑑𝑒𝑤  0.49 ± 0.02 ± 5.3% 
𝑉𝑜𝑢𝑡  6.48 m
3/h ± 0.1296 m3/h ± 2.0% 
 
3.6 Experimental results 
3.6.1 Counter-flow regenerative IEHX 
3.6.1.1 Operating condition 
The experimental study was carried out to investigate the performance of 
the IEHX under specific inlet conditions. The inlet air velocity and temperature 
were adjusted to a stable condition by controlling the air blower and the heater. 
Three levels of the intake air flow rate (i.e. low, medium, and high flow rate) 
were tested. For each level of the air flow rate, the thermal performance of the 
IEHX was inspected under variable inlet air temperature conditions. The 




Table 3.6 Operating condition of the counter-flow regenerative IEHX 






Flow rate of intake air (L/s) 4.5 6 9 
Velocity of product air (m/s) 1.5 2.0 3.0 
Velocity of working air (m/s) 1.0 1.3 2.0 
Inlet air humidity ratio (g/kg) 10 10 10 
Inlet air temperature (°C) 22~29 22~29 22~37 
 
 
3.6.1.2 Temperature variation during steady-state operating period 
Measurement was conducted during steady-state operating conditions. For 
each steady-state operating condition, all of the measured parameters were 
recorded for at least 15 minutes. The locations of the temperature sensors in the 
counter-flow regenerative IEHX are illustrated in Figure 3.14. The measured 
temperature included the inlet temperature of the product air, the outlet 
temperature of the product air, and the outlet temperature of the working air. 
Each temperature was scanned and read by the data logger at one minute interval. 
Figure 3.15 shows the temperature variation at different locations during a 
steady-state operating condition. In this test, the intake air flow was at the low 




Figure 3.14 Location of the temperature sensors in the counter-flow IEHX 
 




The outlet temperature conditions were almost constant during the steady-
state operating condition. For example, the outlet temperature of the product air 
ranged from 23.47 °C to 24.05 °C, and its average value was 23.84 °C. It was 
demonstrated that the product air was effectively cooled in the dry channel by 
the adjacent working air due to water evaporation. However, in Figure 3.15, the 
outlet temperature of the working air was still lower than the outlet temperature 
of the product air. This implied that the IEHX had not made full use of the 
cooled working air. In other words, the IEHX had a great potential for 
improvement to provide the product air with a lower temperature. Another 
observation during the experiment was that the wicking material was partially 
wetted with water in the wet channel. The result of partial wetting may 
deteriorate the cooling effectiveness due to the deceased mass transfer area. 
 
3.6.1.3 Influence of intake air temperature and velocity 
The thermal performance of the IEHX was evaluated under varying inlet 
conditions. Figure 3.16 shows the outlet temperature and the temperature 
reduction of the product air influenced by the intake air temperature and flow 
rate. The intake air temperature and flow rate were maintained as the operating 








Figure 3.16 Outlet temperature and temperature reduction of the product 
air under varying inlet temperatures. (a) Low flow rate; (b) medium flow 
rate; (c) high flow rate 
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It can be noted from Figure 3.16 that, under a constant inlet air velocity, 
the outlet product air temperature was generally higher when increasing the inlet 
air temperature. On the other hand, a larger temperature reduction of the product 
air was achieved with a higher inlet air temperature. For example, the outlet 
temperature of the product air increased from 19.07 °C to 21.67 °C, and the 
temperature reduction of the product air ranged from 4.80 °C to 6.57 °C as 
illustrated in Figure 3.16(a). It is probably a consequence of the fact that the 
working air with a higher temperature can absorb more moisture before being 
saturated. Therefore, more sensible heat is transferred to the wet channel. 
Another finding was that, under a constant inlet temperature, the outlet 
temperature increased with a higher inlet velocity by comparing Figure 3.16 (a)-
(c). The heat and mass transfer process may be enhanced in low air flow rate 
condition due to the increased contact duration between the product air and the 
working air. For example, when the inlet temperature was around 28.3 °C, the 
outlet temperature of the product air was 21.67 °C, 22.70 °C, and 24.05 °C, 
respectively, by varying the air flow from low flow rate to high flow rate.  
The cooling effectiveness of the IEHX (i.e. the wet-bulb effectiveness and 
the dew-point effectiveness) was calculated based on the experimental data as 








Figure 3.17 Cooling effectiveness of the counter-flow IEHX under varying 




For a constant inlet flow rate, it can be seen from Figure 3.17 that both the 
wet-bulb effectiveness and the dew-point effectiveness decreased slightly when 
the inlet temperature increased. In general, the values of the cooling 
effectiveness did not change dramatically under a specific inlet air flow rate. 
For example, the wet-bulb effectiveness was changed from 0.76 to 0.68 with an 
average value of 0.71. By comparing the cooling effectiveness under varying 
inlet air flow rate, it can be concluded that a higher cooling effectiveness was 
achieved with a lower inlet air velocity. As shown in the figure, the average wet-
bulb effectiveness of the IEHX was 0.71, 0.64, and 0.51 for the low flow rate, 
medium flow rate, and high flow rate, respectively.  
 
3.6.2 Cross-flow regenerative IEHX 
3.6.2.1 Operating condition 
Another set of measurement on the cross-flow regenerative IEHX was 
conducted similarly. The performance was examined under different inlet 
conditions (i.e. inlet air temperature and velocity).  
Table 3.7 summarized the operating conditions in this study. Three levels 
of the intake air flow rate (i.e. low, medium, and high flow rate) were tested. 
The inlet air velocity and temperature were adjusted to a stable condition by 




Table 3.7 Operating condition of the cross-flow regenerative IEHX 






Flow rate of intake air (L/s) 5.4 8.6 13.5 
Velocity of product air (m/s) 1.0 1.6 2.5 
Velocity of working air (m/s) 0.17 0.27 0.42 
Inlet air humidity ratio (g/kg) 10 10 10 
Inlet air temperature (°C) 25~38 25~38 25~39 
 
3.6.2.2 Temperature variation during steady-state operating period 
For the cross-flow IEHX, measurement was also conducted during steady-
state operating conditions. Figure 3.18 shows the locations of the temperature 
sensors in the cross-flow regenerative IEHX. The dry-bulb temperatures at the 
inlet of the product channel, the outlet of the product channel, and the outlet of 
the working channel were measured. Each temperature was scanned and read 
by the data logger at one minute interval.  
 
Figure 3.18 Location of the temperature sensors in the cross-flow IEHX 
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Figure 3.19 shows the temperature variation at different locations during a 
steady-state operating condition for 15 minutes. In this test, the intake air flow 
was at the low flow rate, and the inlet air temperature was maintained around 
31.4 °C. It can be seen from Figure 3.19 that these measured temperature values 
were stable at each of the six locations.  
 
Figure 3.19 Temperature variation during a steady-state operating 
condition 
The working air, which is part of the pre-cooled product air, flows along 
the direction perpendicular to the product air flow direction. As a result, the 
outlet temperature of the working air was gradually decreased from T3 to T6. 
The average temperature value was 27.12 °C, 23.45 °C, 21.65 °C, and 19.39 °C, 
respectively, for the measurement points from T3 to T6. The average outlet 
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temperature of the product air at point T2 was 19.42 °C which was slightly 
higher than the average temperature of point T6. It demonstrates that the product 
air can be gradually cooled along its flow direction by transferring its heat to 
the working air.  
 
3.6.2.3 Influence of intake air temperature and velocity 
Static studies were conducted to investigate the effect of the intake air 
temperature and the flow rate on the thermal performance of the IEHX. Figure 
3.20 illustrates the outlet temperature and the temperature reduction of the 
product air under varying inlet conditions. The intake air temperature and flow 
rate were maintained as the operating conditions as specified in Table 3.7.  
For a specific inlet air velocity, as shown in Figure 3.20, the outlet product 
air temperature increased with a higher inlet air temperature. In addition, the 
temperature reduction increased significantly when increasing the inlet air 
temperature. The variation of the product air temperature in the cross-flow 
IEHX has a similar trend comparing with the counter-flow IEHX. For example, 
in Figure 3.20(a) the outlet temperature of the product air was changed from 
18.04 °C to 20.97 °C, and the temperature reduction of the product air increased 
from 6.67 °C to 16.26 °C. It implies that more sensible heat is absorbed by the 






Figure 3.20 Outlet temperature and temperature reduction of the product 
air under varying inlet temperatures. (a) Low flow rate; (b) medium flow 
rate; (c) high flow rate 
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For a specific inlet temperature, by comparing Figure 3.20 (a)-(c), the 
outlet air temperature was higher when increasing the intake air flow rate. For 
example, when the inlet temperature was around 31.2 °C, the outlet temperature 
of the product air was about 19.03 °C, 20.36 °C, and 21.13 °C, respectively, by 
varying the air flow from low flow rate to high flow rate. The increased outlet 
temperature may be due to the less contact duration between the two airstreams.  
Figure 3.21 shows the calculated cooling effectiveness of the cross-flow 
regenerative IEHX according to the experimental data. For a specific inlet flow 
rate, both the wet-bulb effectiveness and the dew-point effectiveness were stable 
under varying inlet temperature conditions. The cooling effectiveness was more 
sensitive to the intake air flow rate. A higher cooling effectiveness can be 
achieved by reducing the inlet air velocity. For example, the average wet-bulb 
effectiveness was up to 1.01 under low flow rate, while the average wet-bulb 







Figure 3.21 Cooling effectiveness of the cross-flow IEHX under varying 




3.7 Summary  
A counter-flow regenerative IEHX and a cross-flow regenerative IEHX 
have been constructed. The air flow arrangement was based on the M-cycle. 
The air channel supporter and the casing of the IEHX were made of acrylic 
sheets. The surface of working channel was covered with wicking material in 
order to distribute water film on its surface by the capillary force. An 
experimental setup has been designed to investigate the performance of the 
IEHX under varying inlet conditions. A desired inlet condition was achieved by 
adjusting a blower and a heater installed before the IEHX. The thermal 
performance of the IEHX was largely influenced by the intake air velocity. For 
the counter-flow IEHX, the wet-bulb effectiveness decreased from 0.71 to 0.51 
by changing the intake air from a low flow rate to a high flow rate. Similar 
results were also observed for the cross-flow IEHX. The experimental data will 
be employed as a basis for validating mathematical models. In addition, further 































Chapter 4 Analytical study on indirect evaporative 
heat exchangers1 
4.1 Background 
The log mean temperature difference (LMTD) method is a well-known and 
simple method that is capable of evaluating the thermal performance of a 
sensible heat exchanger. The LMTD method, when compared with the 
arithmetic mean temperature method, is able to predict with better accuracy, 
particularly when the temperature change in the heat exchanger is non-linear 
and the greatest temperature difference at one end of the heat exchanger is more 
than twice the temperature difference at the other end of the heat exchanger. 
However, thus far, the LMTD method has not been effectively applied to 
study a heat exchanger where the latent heat is associated. To the best of our 
knowledge, no research work has been conducted to extend the LMTD method 
to investigate the indirect evaporative cooling system. The current work is 
proposed to address these issues via a modified LMTD analytical model.  
4.2 Modified LMTD method 
To develop a modified LMTD method suitable for studying evaporative 
                                                 
 
1 Excerpts of this chapter, in part, is a reprint of previous publication titled 
“Fundamental formulation of a modified LMTD method to study indirect evaporative 
heat exchangers”, Energy Conversion and Management. 88 (2014) 372–381. 
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cooling systems, proper modifications are made. Appropriate assumptions for 
the modified LMTD method include: (1) water film is evenly distributed on wet 
surfaces; (2) heat and mass transfer occurs in the direction normal to the air flow; 
(3) Lewis factor equals to one; (4) the air flow is fully developed and laminar; 
(5) no heat transfer occurs to the surrounding. 
 
4.2.1 Mathematical development 
The modified LMTD method is developed by using a counter-flow plate 
type indirect evaporative cooler as an example. A computational element is first 
defined to lay the foundation for the mathematical model as shown in Figure 
4.1. It comprises half of the product channel and working channel due to 
geometrical symmetry. 
 
Figure 4.1 Computational element for mathematical modeling of a 
counter-flow IEHX 
The wet channel contains wicking material which is evenly saturated with 
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water. As water flow rate by convection is small, water in the wet channel is 
treated as a thin stagnant film. To simplify the model with reasonable accuracy, 
the heat and mass transfer by convection mode is considered not significant in 
comparison to conduction mode. Therefore, the convection mode of heat and 
mass transfer between water film and plate is considered negligible in the 
analytical model. 
As the hydrodynamic entry-length and the thermal entry-length are small 
in comparison to the length of the wet channel, the effect of developing zone is 
neglected in the proposed model. The air flow in the IEHX is assumed to be 
fully developed and laminar. Nusselt number for appropriate flow geometry, 
obtained from literature [200], is conveniently used in the analytical model. 
On the dry side, only sensible heat flow occurs between the product air and 
the water film: 
 𝑑𝑞 = 𝑈1𝑑𝐴(𝑇1 − 𝑇𝑤)    (4.1) 
where 𝑈1 is the overall heat transfer coefficient that links the product air in the 











   (4.2) 
Applying the conservation principle of energy for the product air in the dry 
channel, we obtain: 
 𝑑𝑞 = −𝑚1𝑐𝑝𝑎𝑑𝑇1  (4.3) 
In the wet channel, the total rate of heat transfer between the water film 
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and the working air is the sum of the sensible heat flow (𝑑𝑞𝑠) and latent heat 
flow (𝑑𝑞𝑙): 
 𝑑𝑞 = 𝑑𝑞𝑠 + 𝑑𝑞𝑙  (4.4) 
Sensible heat flow is expressed as: 
 𝑑𝑞𝑠 = ℎ𝑐𝑑𝐴(𝑇𝑤 − 𝑇2)  (4.5) 
where ℎ𝑐 is the convection heat transfer coefficient between the water film and 
the ambient working air at 𝑇2. 
The mass transfer rate between the water film and the moist air is given by 
 𝑑𝑊 = ℎ𝑚𝑑𝐴(𝑤𝑤 − 𝑤2)             (4.6) 
Therefore, the latent heat flow due to water evaporation can be evaluated 
by 
 𝑑𝑞𝑙 = ℎ𝑓𝑔 ∙ 𝑑𝑊 = ℎ𝑓𝑔ℎ𝑚𝑑𝐴(𝑤𝑤 − 𝑤2)      (4.7) 
Substituting Eqs. (4.5) and (4.7) into Eq. (4.4), the total heat transfer is 
written as: 
 𝑑𝑞 = ℎ𝑐𝑑𝐴(𝑇𝑤 − 𝑇2) + ℎ𝑓𝑔ℎ𝑚𝑑𝐴(𝑤𝑤 − 𝑤2)  (4.8) 
The heat transfer coefficient, hc, is calculated by using the Nusselt number. 
The Nusselt number for fully developed laminar flow is constant under a 
specific cross section of the channel [200]. 
Making the assumption that the Lewis factor for air-water mixture is unity 




= 1       (4.9) 
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where 𝑐𝑝𝑎 = 1.006 + 1.86𝑤 represents the specific heat of moist air. The mass 
transfer coefficient, ℎ𝑚, and the convective heat transfer coefficient, ℎ𝑐 , are 
correlated by using Lewis factor. As a result, the total heat transfer in wet 
channel can be expressed as follows: 
𝑑𝑞 = ℎ𝑚 ∙ 𝑐𝑝𝑎𝑑𝐴(𝑇𝑤 − 𝑇2) + ℎ𝑓𝑔ℎ𝑚𝑑𝐴(𝑤𝑤 − 𝑤2) 
= ℎ𝑚𝑑𝐴[(𝑐𝑝𝑎𝑇𝑤 + ℎ𝑓𝑔𝑤𝑤) − (𝑐𝑝𝑎𝑇2 + ℎ𝑓𝑔𝑤2)] 
 = ℎ𝑚𝑑𝐴(ℎ𝑤 − ℎ2)                              (4.10) 
As described in Eq. (4.10), the driving force of total heat transfer in wet 
channels is determined by the enthalpy difference between the saturated air at 
water surface and the main moist air stream. It is assumed that the thin moist air 
layer at the water-air interface is saturated at the water film temperature, Tw. 
Therefore, the enthalpy of the saturated air at water surface is evaluated as: 
 ℎ𝑤 = 𝑐𝑝𝑎𝑇𝑤 + ℎ𝑓𝑔𝑤𝑤(𝑇𝑤)      (4.11) 
On the psychometric chart, the wet-bulb temperature lines are nearly 
parallel with the constant enthalpy lines. In Figure 4.2, for example, line 1 (l1) 
and line 2 (l2) describe the constant enthalpy line. On the other hand, the wet-
bulb temperature along these lines could be approximated as constant. As a 
result, the enthalpy of the moist air (such as point A) can be approximated by 
the enthalpy of saturated air at its wet-bulb temperature (such as point B) as 





Figure 4.2 Psychrometric illustration of the correlation between enthalpy 
and wet-bulb temperature. 
In other words, the enthalpy of air is a function of its wet-bulb temperature. 
It is reasonable to assume a linear function between the enthalpy and the wet-
bulb temperature for small operating range of temperature [45]. In Figure 4.2, 
for example, the enthalpy difference (∆ℎ) between point B and point C is able 
to be determined by the wet-bulb temperature difference (∆𝑇𝑤𝑏) between these 
two points.To simplify the analysis, a new parameter, 𝜉, is introduced and is 





   (4.13) 
The value of 𝜉 can be evaluated by the inlet and outlet condition in wet 
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channel. In Eq. (4.10), the heat transfer in wet channel is evaluated by the 
enthalpy difference (hw-h2). Considering Eq. (4.11), Eq. (4.12), and Eq. (4.13), 
the enthalpy difference, (hw-h2), is able to be approximated by the temperature 
difference between the temperature of the water film and the wet bulb 
temperature of the working air as 𝜉(𝑇𝑤 − 𝑇2,𝑤𝑏). Therefore, Eq. (4.10) can be 
rewritten as: 
𝑑𝑞 = 𝜉ℎ𝑚𝑑𝐴(𝑇𝑤 − 𝑇2,𝑤𝑏) 
 = 𝑈2𝑑𝐴(𝑇𝑤 − 𝑇2,𝑤𝑏)          (4.14) 
where U2 is the modified overall heat transfer coefficient in wet channels. Thus, 
the modified thermal resistance in the wet channel is 𝑅4 = 1/𝜉ℎ𝑚. 
Conservation of energy for the working air within a selected computational 
element in the wet channel can be evaluated by the change of the wet-bulb 
temperature as well:  
 𝑑𝑞 = −𝑚2 ∙ 𝑑ℎ ≈ −𝑚2𝜉𝑑𝑇2,𝑤𝑏  (4.15) 




𝑑𝐴(𝑇1 − 𝑇2,𝑤𝑏) 
= 𝑈𝑑𝐴(𝑇1 − 𝑇2,𝑤𝑏)                   (4.16) 















    (4.17) 
Eq. (4.16) is a key equation since it connects the dry-bulb temperature in 
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the dry channel and the wet-bulb temperature in the wet channel.  
The total rate of heat flow over the entire length is the integration of 
Eq.(4.16) from A=0 to A=Atotal: 
 𝑄 = ∫ 𝑈(𝑇1 − 𝑇2,𝑤𝑏)𝑑𝐴
𝐴
0
         (4.18) 
From Eq. (4.3) and Eq. (4.15), we obtain: 
 𝑑𝑇1 = −
𝑑𝑞
𝑚1𝑐𝑝𝑎
             (4.19) 
 𝑑𝑇2,𝑤𝑏 = −
𝑑𝑞
𝑚2𝜉
         (4.20) 
Subtracting Eq. (4.20) from Eq. (4.19) leaves: 






) 𝑑𝑞    (4.21) 










) 𝑑𝐴         (4.22) 
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) 𝐴    (4.25) 













) 𝐴    (4.26) 




 𝑄 = 𝑚1𝑐𝑝𝑎(𝑇1
′ − 𝑇1
′′)   (4.27) 
 𝑄 = 𝑚2𝜉(𝑇2,𝑤𝑏
′′ − 𝑇2,𝑤𝑏
′ )  (4.28) 
Substituting Eq. (4.27) and Eq. (4.28) in Eq. (4.26), and after some 
rearrangement yields, 













    (4.29) 
As a result, we obtain the logarithmic mean temperature difference (LMTD) 














  (4.30) 














     (4.31) 
Figure 4.3 illustrates the changes in temperature in an IEHX that may 
occur in the air stream for different air flow arrangements. 
 
Figure 4.3 Temperature profiles in indirect evaporative heat exchangers. 
(a) counter-flow IEHX. (b) parallel-flow IEHX. 
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Table 4.1 Mathematical expressions of psychrometric properties 
Psychrometrical property Expression Comments 
Barometric pressure 𝑃 = 101.325(1 − 2.25577 × 10−5𝑍)5.2559  Z is the altitude. 





+ 𝐶2 + 𝐶3𝑇𝑎𝑏 + 𝐶4𝑇𝑎𝑏
2 + 𝐶5𝑇𝑎𝑏
3 + 𝐶6𝑙𝑛𝑇𝑎𝑏  
C1 = −5.8002206 E+03; 
C2 = 1.391 499 3 E+00; 
C3 = −4.864 023 9 E−02; 
C4 = 4.176 476 8 E−05; 
C5 = −1.445 209 3 E−08; 
C6 = 6.545 967 3 E+00; 
Tab is absolute temperature. 
Humidity ratio at saturation 




P is the barometric pressure; 






wsat is the saturated humidity ratio at wet-bulb 
temperature; 
w is the humidity ratio of moist air under a 
given condition; 
Enthalpy of moist air ℎ = 1.006𝑇 + 𝑤(2501 + 1.86𝑇)  T is the dry bulb temperature. 
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Psychrometric properties of the moist air, such as humidity ratio and wet-
bulb temperature, are used in the above equations. It is required to obtain a 
mathematical expression of these properties for computational analysis. The 
determination of these psychrometric properties are summarized in Table 4.1 
[201,202]. 
4.2.2 Modeling flow chart 
The modified LMTD method is able to predict the outlet air temperature 
under a specific inlet condition. Since the modified overall heat transfer 
coefficient (U) and the enthalpy to wet-bulb temperature ratio (ξ) are influenced 
by both inlet and outlet conditions, a judicious given of the initial outlet air 
temperatures (𝑇1
′′, 𝑇2,𝑤𝑏
′′ ) are necessary. 
For rating a counter-flow or parallel-flow IEHX, the calculation procedure 
can be described as follows. First, the initial values of outlet air temperatures 
are chosen to determine the enthalpy to wet-bulb temperature ratio (ξ) and the 
modified overall heat transfer coefficient (U). Second, new values of outlet air 
temperature ( 𝑇1
′′ , 𝑇2,𝑤𝑏
′′ ) are calculated by solving a system of nonlinear 
equations which include Eq. (4.27), Eq. (4.28) and Eq. (4.29). After that, the 
new value of ξ can be determined based on calculated values of outlet 
temperature. At last, new values of ξ, 𝑇1
′′, and 𝑇2,𝑤𝑏
′′  are compared with initial 
values in order to check the convergence. This procedure may be repeated until 
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the desired convergence is achieved. 
For rating a cross-flow IEHX, based on the procedure described above, a 
correction factor (F) is required to modify the LMTD. To obtain the true mean 
temperature difference for cross-flow arrangement, the LMTD predetermined 
for counter-flow should be multiplied by the appropriate correction factor so 
that Eq. (4.29) is changed to: 
 𝑄 = 𝑈𝐴(𝐿𝑀𝑇𝐷)(𝐹)  (4.32) 
The correction factor can be determined from the chart produced by 
Bowman et al. [203,204]. The dimensionless ratio P and R used in the chart can 














′    (4.34) 
For rating a counter-flow regenerative (M-cycle) IEHX, the determination 
of 𝑇2,𝑤𝑏
′  should be considered. In this type of cooler, a part of the product air at 
its outlet is redirected into the wet channel as working air. Therefore, the inlet 
wet-bulb temperature of the working air is determined by the outlet temperature 
of the product air: 
 𝑇2,𝑤𝑏
′ = 𝑇1,𝑤𝑏
′′     (4.35) 
The procedure for rating a counter-flow regenerative IEHX is illustrated 




Figure 4.4 Flow chart for rating a counter-flow regenerative IEHX using 




4.3 Performance analysis using the analytical model 
In this part, a validation exercise is first performed on the modified LMTD 
method. Using a counter-flow regenerative IEHX as an example, we illustrate 
the application of the model for process design as well as rating the performance 
of an IEHX. In addition, some suggestions are provided in terms of the thermal 
resistance analysis. 
4.3.1 Model validation 
Experimental results presented in Chapter 3 were relied on to validate the 
model.  
Model validation 1: counter-flow regenerative IEHX 
The outlet air temperature, obtained by the modified LMTD method, is 
compared with the experimental data as shown in Figure 4.5. The relative error 





′′ . It is evident from the figure that the modified 
LMTD method predicts the performance of the IEHX having the largest 
discrepancy of 5%. 
Model validation 2: cross-flow regenerative IEHX 
The modified LMTD method has been further validated with experimental 
data on the cross-flow regenerative IEHX as shown in Figure 4.6. 
Comparatively, the simulated results demonstrated good agreement with 






Figure 4.5 Validation 1: Comparison between modeled results and 
experimental data on the counter-flow regenerative IEHX (a) Low flow 






Figure 4.6 Validation 2: Comparison between modeled results and 
experimental data on the cross-flow regenerative IEHX (a) low flow rate; 
(b) medium flow rate; (c) high flow rate. 
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4.3.2 Applying the model to design an IEHX 
The design of a new IEHX requires the selection of the heat exchanger 
configuration, flow arrangement, and its physical dimensions to meet the 
desired heat transfer requirement. In a design problem, known parameters, such 
as the inlet and outlet temperatures, humidity ratio, and flow rate on each side, 
are specified for a heat exchanger. Knowing the constraints of the IEHX, the 
modified LMTD method is adopted for design purpose. An example is provided 
to demonstrate its capability. 
First, the modified LMTD method is applied to design a counter-flow 
regenerative (M-cycle) IEHX. It is a plate type heat exchanger. In dry channel, 
the intake air comprises both product air and working air. A portion of the air at 
the end of the dry channel is diverted into the wet channel as working air. The 
product air is utilized for cooling while the working air is exhausted to the 
surrounding.  
Second, the overall conductance (UA) is determined for known operation 
conditions. The total heat transfer rate (Q) and the terminal temperatures can be 
computed via Eq. (4.27) and Eq. (4.28). The LMTD parameter is then obtained 
using Eq. (4.30). Thereafter, the overall conductance (UA) is calculated using 
Eq. (4.29). For examples, if the proposed counter-flow regenerative IEHX has 
100 channel pairs, the UA of a one-unit channel pair is 13.95 W/°C under the 
assumed operation conditions (m1=1.5 kg/s, m2=0.75 kg/s, 𝑇1




′′=20 °C). Figure 4.7 presents the UA of a one-unit channel pair for different 
outlet air temperatures (𝑇1
′′) and inlet air humidity ratio (𝑤1
′) under the assumed 
inlet conditions (m1=1.5 kg/s, m2=0.75 kg/s, 𝑇1
′=35 °C).  
 
Figure 4.7 Influence of the outlet air temperature and the inlet air 
humidity ratio on the value of UA of a one-unit channel pair. (m1=1.5 kg/s, 
m2=0.75 kg/s, T1’ = 35 °C). 
Finally, the physical size (channel height, channel length, and channel 
width) can be decided for a specific overall conductance (UA). The modified 
overall heat transfer coefficient (U) is influenced by terminal temperatures in 
the wet channel and the physical size of the heat exchanger. The overall 
conductance (UA) is a function of physical size under specific terminal 
temperatures. For example, Figure 4.8 shows the UA of a one-unit channel pair 
under the assumed conditions (𝑇1
′=35 °C, 𝑇1
′′=20 °C, and 𝑤1
′ =8 g/kg). The 
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channel width is assumed to be 1 m so that the UA is only determined by channel 
height and channel length. As a result, the specific channel height (H) and the 
channel length (L) can be estimated under the determined UA value.  
 
Figure 4.8 UA of a one-unit channel pair for different physical sizes under 
specific terminal conditions (T1’ =35 °C, T1’’ =20 °C, and ω1’ =8 g/kg). 
 
4.3.3 Applying the model to rate an IEHX 
When the geometry of the IEHX is known, the outlet air temperature under 
a specific inlet condition can be predicted. This type of problem is also referred 
to as a rating problem [205]. The modified LMTD method can be employed to 
determine the outlet air temperature or the total heat load if the size (A) and the 
overall heat transfer coefficient (U) of the unit are given. 
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Table 4.2 Prototype specifications of the proposed counter-flow regenerative IEHX. 
Parameter Value Unit 
Plate thickness 0.5 mm 
Water film thickness 0.3 mm 
Channel height 5 mm 
Channel length 1 m 
Channel width 1 m 
Number of channel pair 100  















′′ (°C)       Discrepancy 
(°C) Analytical Numerical 
1 1.0 0.20 35 0.008 4.1 20.8 21.6 -0.8 
2 1.0 0.40 35 0.008 5.5 16.6 16.5 0.1 
3 1.0 0.60 35 0.008 6.1 15.2 16.0 -0.8 
4 1.0 0.40 35 0.010 4.9 18.5 18.2 0.3 
5 1.0 0.40 35 0.012 4.3 20.3 19.9 0.4 
6 1.0 0.40 40 0.008 6.8 17.2 17.5 -0.3 
7 1.0 0.40 30 0.008 4.3 15.8 15.5 0.3 




In this section, a counter-flow regenerative (M-cycle) indirect evaporative 
heat exchanger is chosen to demonstrate the capability of the modified LMTD 
method to predict its performance. The specifications of the proposed 
regenerative IEHX are listed in Table 4.2. The performance of the cooler is 
determined by the inlet conditions including the product air mass flow rate (m1), 
the working air mass flow rate (m2), the inlet air temperature (𝑇1
′) and the 
humidity ratio (𝑤1
′). The outlet temperatures of product air predicted by the 
modified LMTD method under varying inlet conditions are shown in Table 4.3. 
The analytical results are compared with results determined by a validated 
numerical model [206]. It is apparent from Table 4.3 that the discrepancy is 
reasonable to be within ±0.8 °C. It is noteworthy that it takes around 4 hours to 
obtain a converged result for the numerical model by using FLUENT, whereas 
it takes several seconds to arrive at the results using the modified LMTD method. 
Therefore, the modified LMTD method possesses the key advantage of it being 
an accurate and fast method for analyzing the performance of an IEHX. 
Additional studies by using the modified LMTD method are made to 
investigate the influence due to different working-to-intake air mass flow ratio. 
The inlet air temperature and humidity ratio are kept at 35°C and 8 g/kg, 
respectively. The intake air mass flow rate varies from 0.8 to 1.2 kg/s while the 
working-to-intake air flow ratio is regulated from 0.1 to 0.9 under a specific 
intake air mass flow rate. When the working-to-intake air flow ratio increases, 
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more water is absorbed by working air resulting in a larger heat flow from 
product channel to working channel. Therefore, as illustrated in Figure 4.9, the 
outlet air temperature of product air decreases with a higher working-to-intake 
air flow ratio. On the other hand, Figure 4.10 shows the influence of working-
to-intake air flow ratio on the cooling capacity of the IEHX. It is apparent that 
the cooling capacity of the heat exchanger reaches a maximum when the ratio 
is around 0.3. This observation is consistent with the results portrayed by a 
previous numerical study on the dew-point evaporative cooler [101]. The 
cooling capacity of the ICE unit is determined by the mass flow rate and the 
temperature drop of the supply air. The need for greater working air, the less the 
product air is available for cooling. In other words, when the ratio increases, the 
supply air mass flow rate will decrease even though the temperature drop 
increases. 
 




Figure 4.10 Cooling capacity under varying working-to-intake air ratios. 
 
4.3.4 Thermal resistance analysis 
For the counter-flow regenerative (M-cycle) IEHX, thermal resistances 
with example values are summarized in Table 4.4. According to the expression 
of R1 and R4, the channel height significantly impacts on the thermal resistances. 
The modified thermal resistance in the wet channel (R4) is also influenced by 
the terminal wet-bulb temperatures which in turn determine the value of ξ by 
considering the evaporation effect. The Nusselt number for appropriate 
geometry and fully developed laminar flow is obtained from available literature 
[200]. Nusselt number of 8.235 for parallel wall and fully developed laminar 
flow is used in the present study. 
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Table 4.4 Summarize of thermal resistances in the IEHX. 
Thermal Resistance Expression Influential parameters Example Values 
R1: thermal resistance for 
convection heat transfer 








Nu is determined by air flow and channel geometry; 
D1 is determined by the dimension. 
R1=0.045821 m
2K/W, if Nu=8.235 
and D1= 0.01 m. 
R2: thermal resistance for 




 Determined by the thickness and the material of the 
plate. 
R2=1.48 e-6 m
2K/W, if 𝛿𝑝=3 mm, 
and 𝑘𝑝=202 W/(m·K). 
R3: thermal resistance for 




 Determined by the thickness of the water film. R3=4.92 e-4 m
2K/W, if 𝛿𝑤=3 mm. 
R4: modified thermal 
resistance for convection 









D2 is determined by the dimension; 
Nu is determined by air flow and channel geometry; 
𝜉 is determined by inlet and outlet air conditions to 
incorporate the evaporation effect. 
R4=0.013612 m
2K/W, if Nu=8.235, 




Figure 4.11 shows the thermal resistances for convection heat transfer (R1 
and R4) under varying channel heights. The thermal resistance for conduction 
in plate and water film is related to the material and the thickness. Figure 4.12 
illustrates the thermal resistances for conduction heat transfer (R2 and R3) when 
thickness changes. A variety of materials can be used as the plate in the cooler 
[35,207]. As illustrated in Figure 4.12, when the thickness of the plate is thin, 
the thermal conductivity has marginal impact on the heat transfer of the whole 
system since the thermal resistance R2 is comparatively small compared with R1 
and R4. Comparing the values of all thermal resistances, R1 and R4 are much 
larger than R2 and R3. Accordingly, the thermal resistance for convection heat 
transfer dominates over other resistance in computing the overall heat transfer 
coefficient. Figure 4.11 and Figure 4.13 illustrate the influence of changing 
channel dimensions on the thermal resistance for convection heat transfer, outlet 
air temperature, LMTD, and overall heat transfer coefficient. To study the effect 
of channel height, the mass flow rate of the intake air is maintained constant at 
1.0 kg/s while the channel height is changed from 2 mm to 10 mm. As a result, 
the Reynolds number changes from 1000 to 1100. Nusselt number of 8.235 for 
parallel wall geometry and fully developed laminar flow is considered [200]. As 
shown in Figure 4.13, the convective heat transfer coefficient is affected due to 
the change in the channel height since the hydraulic diameter is influenced by 
the channel height. The outlet air temperature increases with the greater channel 
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height due to a lower overall heat transfer coefficient.  
 
Figure 4.11 Thermal resistance for convective heat transfer under varying 
channel height. 
 




Figure 4.13 The influence of channel height on the outlet air temperature, 
LMTD, and the overall heat transfer coefficient. 
Based on the thermal resistance analysis, suggestions are provided to 
improve the thermal performance of the cooler. The air flow passages may be 
redesigned to create greater turbulence resulting in a larger heat transfer 
coefficient so that a lower thermal resistance can be achieved [208]. In this plate 
type IEHX, the Reynolds number for the air flow is close to 1100. It is possible 
to increase the flow turbulence by introducing restrictions such as physical ribs 
laid along the flow passage which could potentially increase the air flow 
Reynolds number to values of 3000 and above. The geometry of the cooler with 
a smaller hydraulic diameter and a higher Nusselt number will positively impact 
its performance. The thermal conductivity of the plate does not significantly 
influence the overall heat transfer performance. As far as the wet channel is 
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concerned, enhancing the mass transfer process due to water evaporation entails 
techniques involving increasing the vapor pressure difference between the air 
stream and the water surface. 
 
4.4 Summary  
By means of analogy with the conventional LMTD method for sensible 
heat exchangers, an analytical model for indirect evaporative heat exchangers 
has been developed by making appropriate modifications to account for the 
latent heat transfer due to water evaporation. Experimental results of a counter-
flow regenerative IEHX and a cross-flow IEHX have been adopted to validate 
the modified LMTD method with computed discrepancies within 8%. 
Compared with complex numerical models requiring lengthy computational 
time, the modified LMTD method is able to provide results within a short 
duration without compromising on quality of predicted results. Using a counter-
flow regenerative IEHX as an example, the modified LMTD method has been 
employed to determine the physical size, outlet air temperature and cooling 
capacity of the heat exchanger. It has been shown in this work that the proposed 
model is a practical approach to design and analyze the performance of indirect 




Chapter 5 Numerical study of an improved IEHX 
design1 
5.1 Background 
By reviewing previous work related to regenerative IEHX, it can be 
observed that most of the coolers in previous related works have one inlet for 
the intake air comprising both the product air and the working air. The working 
principle is based on the idea that the working air in the wet channel is part of 
the product air which is pre-cooled. Few works have studied the cooler’s 
performance having a configuration in which the product air and the working 
air are entirely separated.  
In the present study, a new design based on the M-cycle is introduced. 
Compared with previous works, the present cooler has a unique configuration 
which separates the working air from the product air so that the inlet condition 
of the working air may be different from that of the product air. Therefore, the 
product air and the working air can be independently controlled.  
In this chapter, the cooler’s configuration and cooling process are first 
                                                 
 
1 Excerpts of this chapter, in part, is a reprint of previous publications titled 
“Numerical simulation of a novel energy-efficient dew-point evaporative air cooler”, 
Applied Energy. 136 (2014) 979–988, and “Studying the performance of an improved 
dew-point evaporative design for cooling application”, Applied Thermal Engineering. 
63 (2014) 624–633. 
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described, followed by the computational model which was used to predict the 
heat and mass transfer process in the cooler. Finally, the validated model is 
employed to investigate the performance of the system under a variety of 
conditions and to study the influence of various parameters. 
5.2 Description of a novel dew-point evaporative cooler 
 
Figure 5.1 Schematic of the novel dew-point evaporative air cooler. (a) 
One-unit channel pair; (b) plan view. 
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Figure 5.1(a) is a schematic of a one-unit channel pair of the novel dew-
point evaporative air cooler, and Figure 5.1(b) is a plan view of the cooler. A 
one-unit channel pair of the cooler consists of a product channel and two 
adjacent working channels. The cooler comprises a number of these channel 
pairs that are stacked together. The inner surface of the wet channel is 
maintained under wet condition by spraying water in the wet channel. The 
working channel has a closed-loop configuration. The air can be cooled by 
losing sensible heat due to water evaporation in direct or indirect contact with 
water droplets.  
The air cooling process in the evaporative cooler is described as follows. 
The working air (W1) flows in the working dry channel. At the end of the 
working dry channel, the working air (W2) is recirculated into the working wet 
channel and is subsequently exhausted to the atmosphere (W3). Therefore, the 
working air is pre-cooled before entering the working wet channel. The air at 
the turning point (W2) has a low wet-bulb temperature and a high cooling 
potential. The product air (P1) is cooled along the product channel by losing 
heat to adjacent working wet channels, where the heat is absorbed by vaporizing 
the water, and is finally delivered to the space (P2). This design is capable of 
cooling the product air below the ambient wet bulb temperature without 
increasing the humidity of the supply air. In an ideal condition, the outlet 
temperature of the air can be reduced theoretically toward the dew-point 
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temperature of the ambient air. 
In this design, the working air and the product air are entirely separated. 
Since the room return air usually has a lower wet bulb temperature than ambient, 
it could be used as the working air instead of using ambient air or a fraction of 
the product air [46]. 
 
Figure 5.2 Configuration of ribs arranged in the channel. 
In addition, since surface roughness is frequently employed as a method to 
increase the heat transfer coefficient, small ribs could be laid along the channel 
transverse to the flow direction in order to enhance the heat transfer [209]. 
Figure 5.2 shows the configuration of ribs in the channel.  
5.3 Numerical model for a novel dew-point IEHX 
5.3.1 Geometry and mesh generation 
The pre-set dimensions of the evaporative cooler are shown in Table 5.1. 
The pre-set specifications for the cooler were determined based on literature 
[93,98,109,112]. In previous studies, the channel length of the evaporative 
cooler was varied from 0.5 m to 1.2 m, and the channel height was varied from 
2 mm to 10 mm. Based on the recommended range, the channel length, working 
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channel height and product channel height were judiciously selected to be 1 m, 
3mm, and 6mm, respectively. The influence of the dimension of the cooler can 
be investigated by changing these parameters.  
Table 5.1 Pre-set specifications for the IEHX.  
Dimension Value Units 
Channel length 1 m 
Channel width 1 m 
Product channel height 6 mm 
Working channel height 3 mm 
Plate thickness 0.2 mm 
The computational domain is illustrated in Figure 5.3. The structured mesh 
was generated in Gambit for the computational domain. The grid independency 
was checked using four different mesh sizes. The mesh cell numbers were about 
9 000, 36 000, 225 000 and 450 000, respectively. Simulations were conducted 
with decreasing grid size, until the mean outlet air temperature was consistent 
as shown in Figure 5.4. In these trial computational cases, the dimension of the 
cooler was under pre-set condition, and the inlet air was the ambient air having 
a dry bulb temperature of 30 °C and a humidity ratio of 10 g/kg. Considering 
both economics and accuracy, the mesh with 225 000 cells was adopted. 
Boundary layers were created in the direction of the channel height. In the 
boundary layer, the number of grid points along the channel thickness is 12, and 
the minimum element size was 0.04 mm with a growth factor of 1.12. In the 
direction of the channel height, the maximum element size was 0.2 mm. In the 
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direction of channel length, the maximum element size was 0.3 mm. 
 
Figure 5.3 Illustration of the computational domain with grid. 
 
Figure 5.4 Mesh sensitivity of the computational model. 
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5.3.2 CFD modeling 
The heat and mass transfer process in the evaporative cooler was 
numerically solved using the software ANSYS FLUENT 14.0. The numerical 
model utilizes the Eulerian-Lagrangian approach. The Eulerian approach solves 
the air stream under steady continuous phase condition. In addition, the 
Lagrangian approach is adopted to model the water droplet which was treated 
as a discrete phase [210]. 
In order to simplify the model formulation, the following assumptions 
were made: (1) the outer surface was insulated; (2) the air flow in each channel 
was fully developed and laminar; (3) the channel height was small compared 
with the channel width so that the problem could be reduced to one-dimensional; 
(4) water droplets were evenly distributed on the entire surface of wet channel, 
and (5) the air flow was steady and incompressible. 
5.3.2.1 Continuous phase (air) 
The conservation equations for momentum, mass, thermal energy and 
concentration can be expressed as a general form: 
 ∇ ∙ (𝜌𝑢𝜙 − 𝛤𝜙𝛻𝜙) = 𝑆𝜙 + 𝑆𝑝𝜙     (5.1) 
where φ is the flow variable (such as mean air velocity and mean water vapor 
concentration), Sφ is the source term for the main air flow and Spφ is the 




5.3.2.2 Discrete phase (air) 
Heat transfer process between water droplet and the surrounding air 
consists of both convective and evaporative heat transfer. Radiation heat 
transfer has been neglected since heat transfer due to thermal radiation is not 
significant for the investigated temperature range. 
The evaporation rate of water droplet is governed by gradient diffusion. 
The flux of droplet vapor into the gas phase is related to the gradient of the water 
vapor concentration between the water droplet surface and the moist air: 






)     (5.2) 
where 𝑁𝑤  (kmol/m
2s) is molar flux of water vapor, ℎ𝑚  is mass transfer 
coefficient, R is the universal gas constant and 𝑋𝑤 is the mole fraction of water 
vapor in the moist air.  
The water vapor concentration at the water droplet surface is evaluated by 
assuming that the partial pressure of water vapor at the interface is equal to the 
saturated vapor pressure, Psat, at the water droplet temperature, Tw.  
The mass transfer coefficient in Eq. (5.2) is calculated from the Sherwood 




= 2.0 + 0.6𝑅𝑒1/2𝑆𝑐1/3   (5.3) 
where 𝐷𝑣𝑎  is the diffusion coefficient of water vapor in the air,  𝑑𝑤  is the 
hydraulic diameter of water droplet, and Re is the relative Reynolds number 
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        (5.4) 
Therefore, the change of the mass of the water droplet is calculated 
according to: 
 𝑚𝑤(𝑡 + 𝛥𝑡) = 𝑚𝑤(𝑡) − 𝑁𝑤𝐴𝑤𝑀𝑤𝛥𝑡       (5.5) 
where 𝑚𝑤  is the mass of water droplet and 𝑀𝑤  is the molecular weight of 
water. 
The sensible heat change due to convection and latent heat transfer due to 




= ℎ𝑐𝐴𝑤(𝑇𝑎 − 𝑇𝑝) +
𝑑𝑚𝑤
𝑑𝑡
ℎ𝑓𝑔       (5.6) 
where 𝑐𝑝 is the specific heat of the water droplet, and ℎ𝑓𝑔 is the latent heat. 





= 2.0 + 0.6𝑅𝑒1/2𝑃𝑟1/3         (5.7) 
 
5.3.2.3 Coupling between both continuous and discrete phase 
In the coupled approach, the main air flow is influenced by water droplets 
and vice versa. 
In the control volume, the change in thermal energy of water droplets 
determines the heat transfer from the main air flow to the water. The heat 
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transferred to/from the air becomes a source/sink of energy in the continuous 
phase energy balance in subsequent calculation of the continuous phase.  
Similarly, in the control volume, the change in mass of water droplets 
determines the mass transfer from the water droplets to the air. This mass 
exchange becomes a source of mass in the continuous phase continuity equation 
and a source of water vapor in the transport equation [210]. 
 
5.3.2.4 Boundary conditions 
The inlets of both product channel and working channel were set as 
velocity inlet defined by: 
 𝑢 = 𝑢𝑖𝑛, 𝑣 = 0, 𝑇 = 𝑇𝑖𝑛, 𝜔 = 𝜔𝑖𝑛  (5.8) 













= 0, 𝑃 = 0       (5.9) 
Since the geometry of a one-unit channel pair could be considered 
symmetric, the center line of the product channel was set as symmetry boundary 
















= 0     (5.10) 
The outer wall was assumed to be adiabatic:  










5.3.2.5 Simulation conditions 
In plain plate cooler, the Reynolds number was generally low so that the 
air flow was treated as fully developed laminar flow. For the cooler with ribs in 
the channel, the air flow became turbulent. In these cases, in order to predict the 
turbulent effect, the shear-stress transport (SST) k-ω model was adopted. The 
SST k-ω model, which was first developed by Menter, effectively combined the 
robust and accurate formulation of the k-ω model in the near-wall region and 



























) + 𝐺𝜔 − 𝑌𝜔 + 𝐷𝜔     (5.13) 
In these equations, 𝛤𝑘  and 𝛤𝜔 are the effective diffusivity of k and ω, 
respectively. 𝐺𝑘 is the generation of turbulence kinetic energy (k) due to mean 
velocity gradients. 𝐺𝜔 represents the generation of the specific dissipation rate 
(ω). 𝑌𝑘 and 𝑌𝜔 are the dissipation of k and ω due to turbulence. 𝐷𝜔 is the 
cross-diffusion term. 
The governing equations were discretized with the finite volume method. 
The pressure and velocity were coupled using the SIMPLE (semi-implicit 
method for pressure linked equations) algorithm [214]. The advection terms in 
the momentum, energy and mass transport equations were discretized using the 
second order upwind scheme. 
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Discrete phase model (DPM) mass source in the volume monitor was used 
to record the solution history. The solution was considered to be converged 
when the DPM mass source in the fluid domain was constant and the monitors 
were flat. 
The performance of the dew-point evaporative air cooler could be 
evaluated by the wet bulb and dew-point effectiveness, which are 








         (5.15) 
The wet bulb effectiveness (dew-point effectiveness) indicates how close 
the outlet air temperature to the wet bulb temperature (dew-point temperature) 
under a specific inlet condition. 
 
5.4 Results and discussion 
5.4.1 Model validation 
The model was validated using experimental data from literatures for a 
counter flow regenerative indirect evaporative cooler. 
Hsu [16] carried out an experimental study on a counter flow regenerative 
indirect evaporative air cooler to determine the air stream temperature 
distribution along the dry channel. In this test, the inlet air temperature was 
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34.2 °C and wet-bulb temperature was 15 °C. The experimental data was 
compared with the modeling results as shown in Figure 5.5. It can be observed 
that the model is able to predict the performance of the cooler precisely.  
 
 
Figure 5.5 Validation of the modeling results with the experimental data: 
air temperature distribution in dry channel 
 
Another set of experiment was done by Woods and Kozubal [22,31]. They 
conducted experiments with a desiccant-enhanced evaporative air conditioner. 
An indirect evaporative air cooler based on M-cycle was adopted in the second 
stage of this device. Outlet air conditions of the evaporative air cooler were 
measured under varying inlet air conditions. To validate the model, the supply 
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air temperature change (ΔTs= Ts,in - Ts,out) predicted by the model was compared 
with the measured data, and the discrepancy was within ±10% as shown in 
Figure 5.6. 
 
Figure 5.6 Validation of the modeling results with the experimental data: 
compare the supply air temperature change 
 
5.4.2 Psychrometric description of the cooling process 
Simulations were performed to estimate states of the air stream as it flows 
through the cooler. The assumed inlet air in both working channel and product 
channel was the ambient air having a dry bulb temperature of 35 °C and a 
humidity ratio of 8 g/kg dry air. Therefore, inlet air wet bulb temperature was 
19.6 °C and the dew point temperature was 10.7 °C. The dimension of the cooler 
 123 
 
used in this simulation was under pre-set condition as shown in Table 5.1. The 
inlet air velocity was 1m/s. 
 
Figure 5.7 Air treatment process on the psychrometric chart 
The psychrometric illustration of the air treatment process in the 
evaporative cooler is shown in Figure 5.7. The product air and working air have 
the same inlet condition (point P1 and point W1). When the product air flows 
in the product channel, it is cooled without absolute humidity change, resulting 
in a change of state from P1 to P2. In the same way, the working air in the 
working dry channel loses sensible heat to the wet side and is cooled from state 
W1 to state W2. At the end of the working dry channel, the working air (state 
W2) is diverted into the adjacent working wet channel. The working air absorbs 
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the heat from dry channels and is humidified in the working wet channel, where 
the heat is absorbed by vaporizing the water. The working air is finally rejected 
to atmosphere at state W3.  
 
Figure 5.8 Temperature profiles of air in dry working channel, wet 
working channel and product channel 
Temperature and humidity profiles of air in dry working channel, wet 
working channel and product channel are shown in Figure 5.8 and Figure 5.9. 
It can be noted from Figure 5.9 that the humidity is constant in dry channels, 
while the humidity increases along the air flow direction in working wet channel. 
Figure 5.8 shows that the air temperature decreases along the air flow direction 
in both working dry channel and product channel, while the air temperature 
increases along the air flow direction in working wet channel. At a certain point 
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of all channels, the air in working wet channel achieves lowest temperature and 
therefore the heat is transferred from dry channels to the adjacent working wet 
channel due to water evaporation in working wet channel. 
 
Figure 5.9 Humidity profiles of air in dry channel and wet channel 
 
5.4.3 Influence of inlet air velocity 
Reynolds number and Nusselt number are largely affected by inlet air 
velocity, therefore, inlet air velocity plays a significant role in influencing the 
heat and mass transfer process. Figure 5.10 shows the simulation results for the 
wet bulb and dew point effectiveness under different inlet air velocities. 
Simulation results were obtained by varying the inlet air velocity from 0.3 to 
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4.0 m/s while keeping other parameters unchanged under pre-set conditions, i.e. 
30 °C of inlet air temperature and 10 g/kg dry air of humidity.  
It can be seen that both wet bulb and dew point effectiveness decrease 
significantly with increasing inlet air velocity. When the inlet air velocity is 
more than 1.5 m/s, the wet bulb effectiveness is smaller than 1. Therefore, in 
order to achieve a high wet bulb and dew point effectiveness, it is suggested that 
the inlet air velocity should be below 1.5 m/s. 
 
Figure 5.10 Influence of inlet air velocity on the cooling effectiveness 
 
5.4.4 Influence of inlet air temperature and humidity 
Figure 5.11 shows the wet bulb effectiveness and dew-point effectiveness 
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of the cooler under different inlet air temperature and humidity conditions. In 
these tests, the inlet air temperature was varied from 25 to 40 °C and the 
humidity ratio was varied from 8 to 20 g/kg. The inlet air velocity was kept as 
1m/s. Other parameters were under pre-set conditions. 
 
Figure 5.11 Cooling effectiveness for different inlet air conditions 
Simulation results show that the cooler is able to cool air to the temperature 
below its inlet wet bulb temperature since the wet bulb effectiveness of the 
cooler is above 100%. As shown in Figure 5.11, the wet bulb effectiveness 
ranges from 122% to 132%, and the dew-point effectiveness spans 81% to 93%. 
When the humidity ratio of inlet air is low, there is a greater driving force 
for mass transfer due to the larger vapor pressure difference between the air and 
the water interface. As a result, the working air has greater capacity to absorb 
the moisture from water evaporation and the larger sensible heat can be 
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transferred from the dry channel to the wet channel. Therefore, higher wet bulb 
effectiveness is obtained when the inlet air humidity ratio is low. 
On the other hand, as illustrated on the psychrometric chart, the 
temperature difference between the inlet dry bulb and dew-point temperature 
(Tdb,in – Tdew,in) is much greater at low humidity ratio. Therefore, the dew-point 
effectiveness may be decreased in a lower humidity ratio condition.  
 
Figure 5.12 Outlet air temperature under varying inlet conditions 
Figure 5.12 further illustrates the influence of the inlet air temperature and 
humidity conditions on the outlet air temperature. In general, the simulation 
result shows that lower outlet air temperature can be achieved by reducing the 
inlet air humidity ratio and temperature. This can be attributed to the fact that a 
lower inlet air humidity ratio provides a greater driving force for mass transfer 
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so that the evaporative heat transfer can be enhanced. In addition, a lower initial 
air temperature is obtained by reducing the inlet air temperature. 
 
5.4.5 Influence of the dimension of the channel 
 
Figure 5.13 Impact of the dimensionless channel length on the cooling 
effectiveness 
The dimension of the channel affects the cooling effectiveness. Two sets 
of the channel dimensions have been tested. In one set of the dimensions, the 
working channel height (Hworking) was 3 mm and the product channel height 
(Hproduct) was 6 mm, while the channel length was varied from 300 to 1500 mm. 
In the other set of the dimensions, the working channel height was 5 mm and 
the product channel height was 10 mm, while the channel length was varied 
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from 300 to 2000 mm.  
Figure 5.13 shows the correlation between the cooling effectiveness and 
the dimensionless channel length (L/Hworking). It can be observed from the figure 
that two sets of results are entirely consistent. The larger dimensionless channel 
length provides higher wet bulb effectiveness. This may be attributed to the fact 
that a longer channel length can enhance the heat and mass transfer process by 
increasing the contact time and area. To obtain sub-wet bulb temperatures, it is 
suggested that the dimensionless channel length should be more than 200. 
 
Figure 5.14 Influence of product channel height on the cooling 
effectiveness 
Figure 5.14 shows the effect of product channel height on the wet bulb and 
dew point effectiveness. For these cases, the product channel height was varied 
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from 3 to 20 mm, and the working channel height was kept as 5 mm. All other 
parameters were maintained constant at the pre-set conditions, i.e. 1 m/s of inlet 
air velocity, 1 m of channel length, 30 °C of inlet air temperature and 10 g/kg 
dry air of humidity. 
It is found from Figure 5.14 that both wet bulb and dew point effectiveness 
decrease with increasing product channel height. Both effectiveness values do 
not vary much when the product channel height is less than 6 mm. The cooler 
can obtain a high cooling effectiveness (wet bulb effectiveness greater than 
100%) when the product channel height is less than 10 mm. 
 
Figure 5.15 Influence of the channel height ratio on the cooling 
effectiveness 
To further investigate the effect of working channel height on the cooling 
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effectiveness, a new dimensionless parameter was introduced as the ratio 
between the working channel height and half of the product channel height, i.e. 
Hworking/0.5Hproduct. Figure 5.15 shows a correlation between the cooling 
effectiveness and the channel height ratio. For these cases, the working channel 
height was varied from 1.5 to 10 mm, and the product channel height was kept 
as 10 mm. All other parameters were maintained constant at the pre-set 
conditions.  
It can be seen from Figure 5.15 that both wet bulb and dew point 
effectiveness reach a maximum when the channel height ratio is around 1. In 
other words, when the working channel height is approximately equal to half of 
the product channel height, the cooler can achieve the highest cooling 
effectiveness. 
 
5.4.6 Return air acting as the working air 
In order to realize wider application of the evaporative cooling system in 
buildings, the evaporative air cooler can be operated in tandem with other 
cooling devices, such as a cooling coil. The room return air, which has a low 
temperature and humidity, can be employed as the working air in the 
evaporative air cooler. The product air is first cooled in the evaporative air 
cooler before entering into the downstream cooling coil. This combination 
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would result in a substantial energy saving in electricity consumption of the 
compressor [125,129,215]. 
In these cases, the working air was the room return air at a dry bulb 
temperature of 24.5 °C and a relative humidity of 50%. The inlet air temperature 
of product air was varied from 25 to 40 °C, and the humidity ratio was 10 g/kg. 
 
Figure 5.16 Psychrometric illustration of the air treatment process (return 
air acts as the working air) 
The psychrometric description of the air cooling process in the cooler is 
shown in Figure 5.16, which is similar to the trend described in Figure 5.7. The 
only difference is that the inlet working air has a lower temperature. The 
temperature difference between the working channel and the product channel is 
larger compared to previous cases so that the product air can be cooled to a 
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lower temperature at the outlet. Figure 5.17 compares the performance of the 
cooler operating in two modes. In mode 1, the working air, which has the same 
condition of the product air, is the ambient air. In mode 2, the working air is the 
room return air. It can be inferred from the figure that the cooling effectiveness 
can be effectively increased by using the room return air as the working air. 
 
Figure 5.17 Comparison of the effectiveness of the cooler running in two 
modes 
 
5.4.7 Performance of the cooler with ribs in channel 
The current structure of the evaporative cooler is based on a flat-plate 
stacked form. Incorporating artificial roughness is one of the efficient means to 
enhance the heat transfer. Further simulations were conducted to predict the 
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performance of the cooler with ribs in the channel. The configuration of the 
ribbed channel is shown in Figure 5.2. In these tests, the working channel height 
was 5 mm and the product channel height was 10 mm. The rib spacing (p) was 
10 mm, while the rib height (e) was varied from 0.6 to 1.0mm. The assumed 
inlet air was at a dry bulb temperature of 30 °C and a humidity ratio of 10 g/kg. 
 
Figure 5.18 Simulated results on the performance of the cooler with ribs 
in the channel under different inlet velocities. (a) Wet bulb effectiveness. 




Figure 5.18 (a) presents the performance of the cooler under different inlet 
velocities. The cooling effectiveness of the cooler with installed ribs is 
effectively increased compared with the plain channel. When the inlet velocity 
is more than 1.5 m/s, the wet bulb effectiveness would increase by 10-20% for 
the cooler with ribs. The ribs enable local turbulence to be created near the wall 
and break the laminar boundary layer, which reduce the thermal resistance and 
significantly enhance the convective heat transfer [200]. However, the use of 
ribs results in higher friction and higher pressure drop through the channel. As 
shown in Figure 5.18 (b), the pressure drop increases with increasing rib height 
and increasing air velocity. The larger pressure drop translates to higher 
pumping power requirements. In practice, therefore, it is necessary to achieve 
balance between the increased power consumption and the cooling effectiveness. 
 
5.5 Summary  
The performance of a novel counter-flow closed-loop dew-point 
evaporative air conditioner has been studied. A computational model was 
developed to study the impacts of key parameters on its performance. The model 
was validated using experiment data and demonstrated good agreement with 
experimental results to within ±10%. Wet-bulb and dew-point effectiveness 
were used to evaluate the performance of the novel evaporative air cooler. The 
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cooling effectiveness was dependent on the inlet air conditions and the 
dimension of the air flow passages. In order to cool air to temperatures below 
wet-bulb and approaching the dew-point temperature, operating key parameters 
need to meet several requirements. These include: (1) the inlet air velocity to be 
below 1.5 m/s; (2) the length of the channel passage should be at least 200 times 
the height of the working channel; (3) the product channel height would be less 
than 10 mm; and (4) the working channel height would be about half of the 
product channel height. Since this present dew-point evaporative air cooler 
separates the working air from the product air, it can be applied to many 
ventilation systems which mix return air and outdoor. When the room return air 
was used as working air, the cooling effectiveness of the cooler could be 
effectively increased. When the inlet velocity is more than 1.5 m/s, the wet bulb 
effectiveness would increase by 10-20% for a cooler with ribs installed, 
































Chapter 6 Performance evaluation of a pre-cooling 
IEHX operating in hot and humid climate1 
6.1 Background  
In hot and humid climate, a stand-alone IEHX is often inadequate to 
produce comfort conditions for cooling buildings because of the high wet bulb 
temperature of the ambient air [41]. The exhaust air of a conditioned room 
generally has a lower temperature and humidity ratio compared with the outdoor 
humid air. If an IEHX employs the room exhaust air as the working air to pre-
cool the outdoor humid air, the humid air in product channel may condense 
when the plate temperature is lower than the dew-point temperature. As a result, 
the IEHX presents a more complicated air treatment process with a possibility 
of condensation in the dry product air flow passages. 
In many previous studies, the product air and working air have the same 
inlet conditions so that no condensation occurs in the product air stream since 
the temperature is always higher than its dew point temperature. However, work 
related to utilizing room exhaust air as working air to pre-cool the outdoor air 
in humid tropical climate is scarce. In addition, to the best of our knowledge, 
                                                 
 
1  Excerpts of this chapter, in part, is a reprint of previous publication titled 
“Performance evaluation of an indirect pre-cooling evaporative heat exchanger 




few works have studied the complicated air treatment process with condensation 
from the product air since the temperature may be lower than its dew point 
temperature when the room exhaust air is used as the working air under humid 
tropical climate.  
The present study develops a computational model to theoretically 
investigate the performance of an IEHX with condensation from the product air 
by employing the room exhaust air as the working air under humid conditions. 
The present study is proposed to extend the application of indirect evaporative 
cooling system to hot and humid regions. The hybrid IEHX and vapor 
compression cooling system is first introduced, followed by the mathematical 
description of the IEHX with condensation in product channel. The validated 
computational model is then employed to examine the performance of two types 
of IEHX. The IEHX is theoretically investigated under hot and humid climate. 
The inlet dry bulb temperature of the product air spanned 30 to 37.5 °C while 
the relative humidity ranged from 70% to 90%. The working air adopted the 
room exhaust air at a dry bulb temperature of 25 °C and a relative humidity of 
50%. 
 
6.2 Description of the hybrid cooling system 
A schematic of the hybrid IEHX and vapor compression system for cooling 
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application is presented in Figure 6.1. The IEHX is employed as a pre-cooling 
unit before a mechanical vapor compression system. 
 
Figure 6.1 Schematic of the hybrid IEHX and vapor compression system 
Two types of IEHX are investigated in this study. The first type of IEHX 
is a conventional counter flow unit and the second type is a regenerative IEHX 
unit based on the M-cycle. A schematic of a one-unit channel pair of these two 
types of IEHX is shown in Figure 6.2. The IEHX consists of numerous stacked 
channel pairs. For Type-1, a one-unit channel pair comprises a product channel 
and a working channel. In the wet channel, the inner surface is maintained under 
wet condition by spraying water. The working air directly contacts with the 
water film, and absorbs heat due to water evaporation. The product air can be 
cooled along the dry channel by transferring heat to the adjacent working 
channel. The advantages of Type-1 IEHX include: (1) extensive savings on 
energy and cost; (2) production of cool air without absolute humidity increase; 
and (3) reduction in pollution emissions. For Type-2 IEHX, a one-unit channel 
pair consists of a product channel and two adjacent working channels [216]. It 
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is similar to the first type except the configuration of the working channel. The 
working air first flows into the working dry channel. It is then redirected to the 
working wet channel so that the working air is pre-cooled before entering the 
working wet channel. The working air at the turning point of the working 
channel has a higher cooling potential due to a lower wet-bulb temperature. 
 
Figure 6.2 Schematic of one-unit channel pair of the IEHX. (a) Type-1: 
conventional counter-flow IEHX; (b) Type-2: regenerative IEHX based on 
M-cycle 
In hot and humid climate, the exhaust air from a conditioned room has a 
lower temperature and humidity ratio compared with outdoor humid air, 
therefore the IEHX can utilize the room exhaust air as its working air instead of 
the outdoor humid air. A higher driving force of water evaporation can be 
achieved in the working wet channel. Since the outdoor air is used as the product 
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air in the IEHX, the outdoor humid air can be pre-cooled before it is introduced 
to the mechanical vapor compression system for further cooling and 
dehumidification. As a result, the application of indirect evaporative cooling 
system can be well extended to hot and humid regions. Because of the large 
temperature difference between the room exhaust air and the outdoor air and the 
high moisture content of the product air, the product air can be dehumidified. 
The heat and mass transfer process in the IEHX unit of this hybrid system is 
deemed more complex. 
 
6.3 Mathematical description 
6.3.1 Modeling of heat and mass transfer 
A numerical model is developed to characterize the heat and mass transfer 
in the IEHX. The dimensions of the simulated IEHX are tabulated in Table 6.1.  
Comparatively, the channel height of the IEHX is small compared with the 
channel width. For simplicity sake, a two-dimensional model is used to 
represent the heat and mass transfer process. Figure 6.3 illustrates a schematic 
of the computational domain with coordinate system. 
The outer surface of IEHX is assumed to be insulated so that no heat is 
transferred to the surroundings. Water in the wet channel is considered as a thin 
stagnant film since the wet channel contains wicking material which is evenly 
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saturated with water. A variety of materials could be used as the wall material 
for the plate type IEHX. Considering the fact that the plate and the water film 
usually have a thin thickness, the thermal resistances of the plate and the water 
film are relatively small so that they have marginal impact on the overall heat 
transfer of the system [207,199].  
Table 6.1 Dimension for the indirect evaporative heat exchangers 
Parameters IEHX Type-1 IEHX Type-2 
Channel length (L) 0.5 m 0.5 m 
Channel width 0.5 m 0.5 m 
Product channel height (Hproduct) 5 mm 5 mm 
Working channel height (Hworking) 5 mm 2.5 mm 
Plate thickness (δ) 0.3 mm 0.3 mm 
Number of channel pairs (n) 50 50 
 
 
Figure 6.3 Schematic of the computational domain with coordinate 
system. (a) Type-1. (b) Type-2 
The moist air flow in the IEHX is steady and incompressible. The 
governing equations of the air stream can be described by basic equations as 
follows. 
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For steady state, 
𝜕𝑇
𝜕𝑡
= 0 . Considering convection in both x and y 
directions and conduction only in y direction, energy conservation in the air 
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     (6.4) 
where 𝐷𝑣𝑎 is the diffusivity of water vapor in the moist air stream, and c is the 
molar concentration of water vapor.  
The water evaporates in the wet channel and the product air may condense 
in the dry channel. Therefore, the complex boundary conditions for the moist 
air and the water film interface must be carefully considered. 
The product channel can be divided into two regions. In the first region, 
the plate temperature is higher than the dew point temperature of the product air 
so that no condensation occurs. The plate temperature would decrease due to 
the evaporation of water and the heat transferred to the wet channel. Thus, in 
the second region, the plate temperature could be lower than the dew point 
temperature of the product air. Therefore, the product air may condense in this 
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region. To simplify the analysis, we neglect the effect of the condensed film 
formed on the wall, assuming its thermal resistance to be negligible. This 
assumption has been justified by existing studies [217,218]. 
The partial pressure of water vapor at the plate surface can be evaluated by 




+ 𝐶2 + 𝐶3𝑇𝑝 + 𝐶4𝑇𝑝
2 + 𝐶5𝑇𝑝
3 + 𝐶6𝑙𝑛𝑇𝑝  (6.5) 
where C1 = −5.800 220 6 E3, C2 = 1.391 499 3, C3 = −4.864 023 9 E−2, C4 = 
4.176 476 8 E−5, C5 = −1.445 209 3 E−8, C6 = 6.545 967 3, and Tp is the plate 
temperature which can be regarded as the liquid water temperature at the plate 
surface. 
Therefore, the water vapor concentration at the plate surface (c𝑝) in the 
product channel can be expressed as: 
 c𝑝 = 𝑓(𝑇𝑝) = {
𝑐1,𝑖𝑛,      𝑇𝑝 ≥ 𝑇1,𝑑𝑒𝑤
𝑃𝑠𝑎𝑡(𝑇𝑝)
𝑅𝑇𝑝
, 𝑇𝑝 < 𝑇1,𝑑𝑒𝑤
   (6.6) 
where 𝑃𝑠𝑎𝑡(𝑇𝑝) is calculated by using Eq. (6.5) at the absolute temperature of 
the plate. 
The driving force of the water vapor condensation is determined by the 
vapor concentration difference between the plate surface and the main air stream. 
The condensation rate of the product air, mj, is given as:  
 𝑚𝑗 = {






,    𝑇𝑝 < 𝑇1,𝑑𝑒𝑤
    (6.7) 
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The boundary condition at the wall surface of the product channel can be 
expressed as: 









+ 𝑚𝑗 ∙ ℎ𝑓𝑔    (6.9) 
where ℎ𝑓𝑔 is the latent heat of water vapor. The total heat flux from the product 
wall consists of the sensible heat flux by thermal conduction, qs, and the vapor 
condensation heat flux, qj, which are expressed as:  
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       (6.11) 
In the working wet channel, the working air absorbs heat due to water 
evaporation. The moist air at the surface of the water film is assumed to be 
saturated air so that the water vapor concentration at the water film surface can 




     (6.12) 
where 𝑃𝑠𝑎𝑡(𝑇𝑤)  is the saturated vapor pressure defined in Eq. (6.5) at the 
absolute temperature of the water film. The evaporation rate of water can be 
evaluated by the gradient of the water vapor concentration between the water 
film surface and the moist air main stream.  
The boundary condition at the water film surface of the working wet 
channel is defined by: 
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    (6.14) 
The inlet boundary conditions of both product channel and working 
channel are: 
 𝑢 = 𝑢𝑖𝑛,    𝑣 = 0,    𝑇 = 𝑇𝑖𝑛,    𝑐 = 𝑐𝑖𝑛     (6.15) 




= 0,    
𝜕𝑣
𝜕𝑦
= 0,    
𝜕𝑇
𝜕𝑥
= 0,    
𝜕𝑐
𝜕𝑥
= 0,    𝑃 = 0     (6.16) 
At the center line of the product and working channel, symmetry boundary 




= 0,    
𝜕𝑣
𝜕𝑦
= 0,    
𝜕𝑇
𝜕𝑦
= 0,    
𝜕𝑐
𝜕𝑦
= 0,    
𝜕𝑃
𝜕𝑦
= 0     (6.17) 
The governing equations and boundary conditions are constructed and 
solved using COMSOL Multiphysics [219]. Figure 6.4 illustrates the modeling 
procedure for the IEHX. The fluid flow and heat transfer are modeled under 
physical mode of the Conjugate Heat Transfer module while the mass transfer 
of the water vapor in moist air is modeled under physical mode of the Transport 
of Diluted Species module. These two physical modes are fully coupled. The 
Conjugate Heat Transfer provides the velocity field for the species transport. On 
the other hand, the evaporation or condensation of water vapor leads to a heat 




Figure 6.4 Modeling procedure for the IEHX 
The grid independency of the developed model has been conducted using 
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different mesh sizes. Simulations are conducted with decreasing grid size, until 
the outlet air temperature is consistent. For example, Figure 6.5 shows the outlet 
air temperature of Type-2 IEHX under different number of domain elements. In 
these cases, the inlet product air has a dry bulb temperature of 35 °C and relative 
humidity of 80%. The working air is the room exhaust air at dry bulb 
temperature of 25 °C and relative humidity of 50%. The mesh elements adopted 
for testing are about 3200, 12800, 21800, and 32900. Taking into consideration 
both economics of computing time and accuracy, the mesh with 21800 elements 
is adopted. 
 
Figure 6.5 Mesh independency of the computational model 
6.3.2 Performance evaluation of IEHX 
Since the product air could be cooled and dehumidified simultaneously in 
the product channel, there is no definitive way of quantifying the effectiveness 
for the IEHX. Nevertheless, several parameters may be used to evaluate the 
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performance of the IEHX. 
Wet-bulb effectiveness is used to indicate how close the outlet temperature 
of product air to the inlet wet-bulb temperature of working air. It compares the 
product air temperature decrease (T1,in–T1,out) with the temperature difference 
between its inlet dry-bulb temperature and inlet wet-bulb temperature of 




      (6.18) 
The sensible cooling capacity of the IEHX is given as: 
 𝑄𝑠 = 𝑚1𝑐𝑝𝑎∆𝑇1 = 𝑚1𝑐𝑝𝑎(𝑇1,𝑖𝑛 − 𝑇1,𝑜𝑢𝑡)        (6.19) 
where m1 is the mass flow rate of product air, cpa is the specific heat of moist 
air, and (∆𝑇1 = 𝑇1,𝑖𝑛 − 𝑇1,𝑜𝑢𝑡) is the temperature reduction of the product air. 
The latent cooling capacity of the IEHX can be written as: 
 Q𝑙 = 𝑚1ℎ𝑓𝑔∆𝜔1 = 𝑚1ℎ𝑓𝑔(𝜔1,𝑖𝑛 − 𝜔1,𝑜𝑢𝑡)        (6.20) 
where (∆𝜔1 = 𝜔1,𝑖𝑛 − 𝜔1,𝑜𝑢𝑡) is the humidity ratio difference of product air.  
The total cooling capacity of the IEHX can be expressed as: 
 𝑄𝐼𝐸𝐻𝑋 = 𝑄𝑠 + Q𝑙 = 𝑚1(ℎ1,𝑖𝑛 − ℎ1,𝑜𝑢𝑡)        (6.21) 
The percentage of cooling provided by IEHX unit (XIEHX) can be evaluated 
by comparing the cooling capacity of the IEHX with the total cooling load for 







           (6.22) 
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where ℎ1,𝑖𝑛 is the product air enthalpy at the inlet of the IEHX, ℎ1,𝑜𝑢𝑡 
is the product air enthalpy at the outlet of the IEHX, and ℎ1,𝑠 is the air enthalpy 
when it is finally processed to a desired condition after the cooling coil of the 
vapor compression system.  
The fan power is computed to estimate the electrical energy consumed by 
the IEHX, while the power consumed by pumps is known to be comparatively 





        (6.23) 
where V is the volume flow rate of product air, Δ𝑃 is the air flow pressure drop 
through the IEHX, 𝜂𝑏 is the blower efficiency, and 𝜂𝑚 is the motor efficiency.  
 
6.4 Results and discussion 
The numerical model is first validated to demonstrate the capability of 
predicting the performance of IEHX as a pre-cooler with condensation from the 
product air. Employing the validated model, the air treatment process in the 
IEHX under a certain inlet condition is illustrated. Next, the theoretical cooling 
performance of two types of IEHX is examined under a typical hot and humid 
climate. Finally, calculated results on the cooling capacity and the energy 
consumption are presented. 
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6.4.1 Model validation 
The simulated results have been compared with experimental data acquired 
from literatures as shown in Figure 6.6. The model validation process is 
conceived in two parts: (1) indirect evaporative cooler without condensation; 
and (2) forced humid air flow with moisture condensation on the surface. 
Firstly, the experimental data presented in Chapter 3 was employed to 
validate the model for an indirect evaporative cooler without condensation in 
the product channel. The experimental condition was replicated in the 
simulation. Figure 6.6 compares the simulated outlet air temperature with the 
experimental data. The numerical model is able to predict accurately within a 
maximum discrepancy about 5%. 
Secondly, the numerical model is validated against a previous numerical 
study [220] and an experimental study [221] on a forced humid air flow with 
surface condensation. When the cold wall temperature is below the dew-point 
temperature, the humid air stream undergoes condensation. The total wall heat 
flux includes the sensible heat flux and the vapor condensation heat flux. The 
previous studies have investigated the wall heat flux components as a function 
of the moisture mass fraction difference (ΔW) between the humid air flow and 








Figure 6.6 Validation part 1: Comparison between modeled results and 
experimental data on the counter-flow regenerative IEHX (a) low flow 




Figure 6.7 Validation part 2: Comparison between modeled results and 
experimental data on moisture condensation. 
The simulated results are compared with previous works [220,221] in 
terms of the ratio of the condensation heat flux to the total heat flux as shown 
in Figure 6.7. The temperature of intake humid air was 40 °C and the cold wall 
temperature was kept as 21 °C. The vapor mass concentration difference 
between the humid air stream and the wall surface (ΔW) spanned 0.005 to 0.04. 
The present model agrees well with the numerical results from Volchkov et al. 
[220] and demonstrates an average discrepancy of about 3%. The present 
numerical results are also compared with the experimental data acquired from 
Takarada et al. [221] and shows an average discrepancy of 9.7%. The reason for 
the discrepancy may be attributed to the presence of the liquid film on the 
surface or the generation of waves affecting the heat and mass transfer process 
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[220]. For simplicity, these effects have not been taken into consideration in the 
present study. In sum, the average discrepancy between the present simulation 
results and the experimental data augurs well in terms of the model’s 
predictability.  
By validating these two respective parts, we can confidently infer that this 
computational model is able to predict the performance of IEHX as a pre-cooler 
with condensation from the product air. 
 
6.4.2 Psychrometric illustration of the air treatment process 
The state of air streams along the flow passages are predicted for these two 
types of the IEHX. The assumed inlet air of the product channel is the outdoor 
humid air (dry bulb temperature is 35 °C, and relative humidity is 80%). The 
working air employs the room exhaust air at a dry bulb temperature of 25 °C 
and a relative humidity of 50%. The inlet air velocity is 2 m/s. 
Figure 6.8(a) and Figure 6.8(b) illustrate the simulated air treatment 
process on the psychrometric chart. In Type-1 IEHX (Figure 6.8a), the working 
air changed from state E1 to state E2 indicating that the working air is heated 
and humidified in the wet channel. Heat is transferred to the wet channel due to 
the temperature difference and the water evaporation. In the product channel, 
the air at point O is first sensibly cooled to its dew point temperature. Since the 
 157 
 
dew point temperature of the product air is 31 °C which is higher than the 
working air temperature, the product air is further cooled and dehumidified 
resulting in an overall change of state from point O to point P.  
 
 
Figure 6.8 Psychrometric illustration of the air treatment process in the 
IEHX. (a) Type-1; (b) Type-2. 
As described in Figure 6.8(b), the air treatment process in Type-2 IEHX 
shows a similar trend except for the air in the working channel and the outlet 
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conditions. In Type-2 IEHX, the working air first loses sensible heat in the dry 
channel so that the working air is pre-cooled from point E1 to point E2. The 
working air, which has a lower wet-bulb temperature at the end of the working 
dry channel, is then directed into the adjacent working wet channel. As a result, 
the pre-cooled working air in wet channel absorbs heat from adjacent channels 
by vaporizing the water and is finally exhausted at state E3. Comparatively, the 
product air can be cooled to a lower temperature in Type-2 (T1,out=25.2°C ) than 
that in Type-1 (T1,out=26.4°C ).  
 
6.4.3 Temperature and humidity ratio distributions 
Figure 6.9 and Figure 6.10 present the temperature and humidity ratio 
profiles in the product channel for Type-1 and Type-2 respectively. The values 
of the product air temperature and humidity ratio used in figures are the mean 
values at a specific location along the flow direction. The plate temperature 
refers to the temperature at the surface of the plate which separates the product 
channel and the working channel. The plate surface humidity ratio represents 
the humidity ratio at the interface of the plate and the product air. The product 
air inlet conditions for these two types of the IEHX are the same (T=35°C, 




Figure 6.9 Temperature and humidity ratio distributions in the ﬁrst type 
of the IEHX. 
 
Figure 6.10 Temperature and humidity ratio distributions in the second 
type of the IEHX 
In Figure 6.9 and Figure 6.10, it can be seen that the temperatures of the 
product air and the plate decrease along the air flow direction. When the plate 
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temperature is larger than the dew point temperature, only sensible cooling 
occurs. In this region, the decrease rate of the plate temperature is, therefore, 
greater and the plate interface humidity ratio is the same as the inlet product air 
humidity ratio. 
In Figure 6.9, the plate reaches its dew point temperature at a distance of 
x/L=0.16 from the product air inlet. The second type of the IEHX reaches the 
dew-point temperature earlier with a distance of around x/L=0.1, as shown in 
Figure 6.10, demonstrating a better cooling performance of Type-2 in 
comparison of Type-1. 
When the plate temperature is lower than the dew point temperature, the 
plate interface humidity ratio is determined as the saturation humidity ratio at 
the plate temperature. It can be found from the figures that the plate interface 
humidity ratio decreases with the decrease of the plate temperature. Thus the 
product air is dehumidified along the product channel.  
It is observed from Figure 6.9 that the plate temperature decreases rapidly 
when the product air approaches the exit. It can be attributed to the large driving 
force for water evaporation at the inlet of the working channel such that greater 
amount of heat absorption occurs due to water evaporation. Because of the 
counter-flow arrangement of Type-1 IEHX, the plate temperature experiences 




Comparatively, the outlet air temperature and humidity ratio of Type-2 
(T1,out=25.2°C, ω1,out=19.9 g/kg) are lower than that of Type-1 (T1,out=26.4°C, 
ω1,out=21.4 g/kg). Thus, it can be inferred that the second type of the IEHX is 
able to reap higher cooling efficiencies. This can be attributed to the pre-cooling 
effect of the working air in the second type of the IEHX. 
 
6.4.4 Cooling performance of two types of IEHX 
The performance of the IEHX under a typical hot and humid climatic 
condition has been theoretically investigated. The maximum diurnal dry bulb 
temperature was simulated as the product air inlet condition. The inlet condition 
of product air is based on Singapore’s climate since Singapore is one of the 
typical cities in tropical rainforest climate which is always warm and humid. 
The average diurnal maximum temperature is around 32 °C, while the 
temperature often goes above 32 °C and can reach 35 °C sometimes. The 
average relative humidity is around 80%. In this study, different inlet conditions 
of the product air are investigated. The inlet dry bulb temperature of the product 
air ranged from 30 to 37.5°C while the relative humidity varied from 70% to 
90 %. The working air adopted the room exhaust air condition at a dry bulb 




Wet-bulb effectiveness, defined by Eq. (6.18), is employed to evaluate the 
sensible cooling performance of an IEHX. Figure 6.11 presents the wet-bulb 
effectiveness of two types of the IEHX under varying inlet conditions of the 
product air. Figure 6.12 shows the change of product air temperature which 
reflects the sensible cooling capacity. Figure 6.13 illustrates the change of 
product air moisture content which indicates the latent cooling capacity.  
  
Figure 6.11 Wet-bulb effectiveness under different inlet conditions. (a) 
Type-1. (b) Type-2 
  
Figure 6.12 Change of product air temperature under different inlet 
conditions. (a) Type-1. (b) Type-2. 
For a specific relative humidity, the change of both product air temperature 
and product air moisture through the IEHX increase by varying the inlet air 
temperature as illustrated in Figure 6.12 and Figure 6.13. The reason can be 
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explained as follows. The temperature difference between the product air and 
the working air is larger due to higher inlet air temperature. Therefore, more 
heat is transferred from the product channel to the working channel which 
impacts the change of product air temperature through the IEHX. The absolute 
humidity increases with higher inlet air temperature under the same relative 
humidity. Therefore, the product air is able to condense more water through the 
IEHX. A higher air moisture change means a greater latent cooling capacity 
which results in a lowered wet-bulb effectiveness as shown in Figure 6.11. 
Figure 6.14 further illustrates the ratio between the latent heat transfer rate and 
the total heat transfer rate. 
  
Figure 6.13 Change of product air moisture content under different inlet 
conditions. (a) Type-1. (b) Type-2. 
For a specific inlet air temperature, on the other hand, the change of 
product air temperature decreases and the change of product air moisture 
increases with higher relative humidity of the inlet product air as shown in 
Figure 6.12 and Figure 6.13. This can be attributed to the fact that higher 
humidity ratio of the product air absorbs greater amount of heat from the 
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working channel for water condensation. Consequently, the wet-bulb 
effectiveness decreases with the increase of relative humidity as portrayed in 
Figure 6.11. It can be observed from Figure 6.14 that the latent cooling capacity 
accounts for a significant proportion especially when the relative humidity is 
high.  
 
Figure 6.14 Ratio between the latent heat transfer rate and the total heat 
transfer rate. 
In sum, the second type of the IEHX shows an improved cooling 
performance over the first type of the IEHX. It can be inferred from Figure 6.12 
and Figure 6.13 that the second type of the IEHX can provide product air with 
a lower dry bulb temperature and a lower humidity ratio comparing with the 
first type of the IEHX under similar inlet conditions. As illustrated in Figure 
6.11, the wet-bulb effectiveness ranges from 0.38 to 0.68 for the first type of the 
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IEHX, while it spans 0.41 to 0.72 for the second type of the IEHX. 
6.4.5 Cooling capacity and energy consumption 
Evaporative cooling system is a promising technique to reduce the large 
energy consumption by the conventional vapor compression system for cooling 
application. In this hybrid system, the IEHX is employed to pre-cool the outdoor 
fresh air before entering the conventional vapor compression system. The 
cooling capacity and the fan power of the IEHX are investigated under several 
representative product air inlet conditions as shown in Table 6.2. We examined 
the calculated results under different inlet air temperature (Test 1, Test 2, and 
Test 3), inlet air humidity (Test 2, Test 4, and Test 5), and inlet air velocity (Test 
2, Test 6, and Test 7). The inlet air velocity ranges from 1.5 to 2.5 m/s so that 
the mass flow rate of the primary air spans 0.21 to 0.35 kg/s.  
The fan power of the IEHX depends on the pressure drop through the IEHX 
and can be calculated using Eq. (6.23). In this study, the blower efficiency is 
assumed to be 0.65 and the motor efficiency is assumed to be 0.85 [31,222]. 
The gauge pressure is assumed to be zero at the outlet as indicated in Eq. (6.16). 
According to the Eq. (6.2) and Eq. (6.16), the inlet pressure can be determined. 
Therefore, the pressure drop through the channel is calculated as the difference 
between the inlet and the outlet pressure. 
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Type-1          
1 30.0 80% 2.00 14.135 13.033 18.474 0.0123 5.173 36.20% 
2 32.5 80% 2.00 14.104 13.159 23.148 0.0123 6.481 37.08% 
3 35.0 80% 2.00 14.091 13.303 26.915 0.0124 7.536 35.84% 
4 32.5 70% 2.00 13.988 13.088 19.537 0.0123 5.470 36.09% 
5 32.5 90% 2.00 14.260 13.237 26.118 0.0124 7.313 36.90% 
6 32.5 80% 1.50 9.719 9.218 25.229 0.0064 5.298 40.42% 
7 32.5 80% 2.50 19.016 17.467 21.419 0.0206 7.497 34.31% 
Type-2          
1 30.0 80% 2.00 86.333 14.119 20.587 0.0455 5.764 40.34% 
2 32.5 80% 2.00 86.856 14.040 26.887 0.0457 7.528 43.08% 
3 35.0 80% 2.00 87.154 14.018 32.214 0.0458 9.020 42.90% 
4 32.5 70% 2.00 86.504 13.965 21.985 0.0455 6.156 40.61% 
5 32.5 90% 2.00 87.069 14.150 31.121 0.0458 8.714 43.97% 
6 32.5 80% 1.50 62.852 9.722 29.371 0.0246 6.168 47.05% 




The cooling capacity of the IEHX is calculated using Eq. (6.21) in which 
h1,out is the air enthalpy at the outlet of the IEHX. The total cooling load for the 
outdoor fresh air is evaluated as m1(h1,in-h1,s), in which h1,s is the air enthalpy 
when it is finally processed to a desired condition after the cooling coil of the 
vapor compression system. In this study, it is assumed that the outdoor fresh air 
is finally conditioned to a temperature of 13 °C with a relative humidity of 90% 
after the cooling coil of the vapor compression system. The percentage of 
cooling provided by IEHX unit for the outdoor fresh air is calculated according 
to Eq. (6.22).  
As shown in Table 6.2, Type-2 IEHX experiences a larger pressure drop 
due to the closed-loop flow arrangement of the working air. Therefore, the fan 
power consumed by the second type of IEHX is expected to be greater. In 
contrast, the cooling capacity provided by the second type of IEHX is larger 
than that provided by the first type because of the better performance as 
illustrated in Figure 6.11 to Figure 6.13. The wet-bulb effectiveness shown in 
Figure 6.11 indicates the cooling performance of the IEHX. The wet-bulb 
effectiveness of Type-2 IEHX is generally higher than that of Type-1 IEHX. The 
sensible cooling capacity of the IEHX can be determined by the temperature 
reduction of the product air as defined in Eq. (6.19). In Figure 6.12, the 
temperature reduction of Type-2 IEHX ranges from 7.2 °C to 11.7 °C, while 
that of Type-1 IEHX varies from 6.4 °C to 10.5 °C. The larger temperature 
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reduction leads to a higher sensible cooling capacity. Similarly, the latent 
cooling capacity of the IEHX is reflected by the change of humidity ratio as 
defined in Eq. (6.20). As illustrated in Figure 6.13, the humidity ratio reduction 
provided by Type-2 IEHX spans 2.9 g/kg to 11.6 g/kg, while it ranges from 2.2 
g/kg to 10.1 g/kg for Type-1 IEHX. It can be inferred that Type-2 IEHX is 
capable of achieving a higher latent cooling capacity. In addition, considering 
the relatively large cooling capacity provided by the second type of the IEHX 
(5.764 to 9.02 kW), the requirement of the fan power is relatively low (ranging 
from 0.0246 to 0.0739 kW). In general, taking the advantage of the large latent 
heat of water evaporation, the IEHX is able to provide about 35% to 47% of the 
cooling load for the outdoor humid air while consuming a small amount of 
electrical energy for fans and pumps. It is, therefore, apparent that the utilization 
of an IEHX as a pre-cooling unit will lead to significant energy saving potential 
while realizing better efficiency and smaller-capacity vapor compression 
system. 
 
6.5 Summary  
A hybrid IEHX and vapor compression cooling system that employs an 
IEHX as a pre-cooling unit in hot and humid climate was introduced. A 
computational model has been developed to theoretically study the heat and 
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mass transfer process in the IEHX with condensation from the product air by 
utilizing the room exhaust air as the working air. The model has been judiciously 
validated using experimental data and has demonstrated a good agreement with 
experimental results.  
The air treatment processes in two types of IEHX (i.e., a conventional 
counter flow unit and a regenerative unit based on the M-cycle) have been 
parametrically investigated using the validated model. In this study, the inlet 
temperature of the product air ranged from 30 to 37.5 °C, and the relative 
humidity was varied from 70% to 90%. The working air assumes the room 
exhaust air at a dry bulb temperature of 25 °C and a relative humidity of 50%. 
Simulation results indicated that the product air can be cooled and dehumidified 
simultaneously in the product channel due to the plate temperature being lower 
than its dew point temperature. The second type of IEHX is able to produce pre-
cooled air at lower temperature and humidity ratio compared with the first type. 
In addition, the IEHX can remove about 35% to 47 % of the cooling load for 
the outdoor humid air while consuming a small amount of electrical power for 
fans and pumps. In sum, the utilization of an IEHX as a pre-cooling unit, under 
humid climates, will lead to appreciable energy savings with improved 



























Chapter 7 Desiccant-evaporative cooling technique 
7.1 Background 
The cooling load of a building consists of two parts, i.e. the sensible 
cooling load and the latent cooling load. The sensible cooling load is the 
requirement to reduce the dry bulb temperature of the process air. Latent cooling 
load refers to the removal of water vapor from the process air. The air 
conditioning system should meet the sensible and latent cooling load of the 
building in order to create a healthy indoor environment. 
For the conventional vapor compression air conditioning system, it is 
preferred to provide sensible cooling. To handle the latent cooling load, the 
temperature of the process air has to be reduced below its dew-point temperature 
so that the moisture in the air can be removed through condensation. After the 
process air is overcooled below its dew-point temperature, the air is then 
reheated to the temperature desired for the conditioned indoor environment. It 
is a disadvantage of the conventional vapor compression system that the 
conditioning equipment must operate at a much colder temperature and 
consume large amount of energy due to the overcooling and the reheating 
According to the analysis in previous sections, the regenerative IEHX is 
able to cool the supply air below wet-bulb temperature and approaching dew-
point temperature. It is a good option for sensible cooling. To further improve 
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the energy efficiency and fulfill the latent cooling load simultaneously, liquid 
desiccant may be employed in a compact IEHX. 
The present study aims to investigate the thermal process in a compact 
desiccant-evaporative heat and mass exchanger (HMX) which can be used to 
dehumidify and cool the product air to a desired condition in one unit. 
 
7.2 Description of the desiccant-evaporative HMX 
 
Figure 7.1 Schematic of one unit channel pair of the liquid desiccant-
evaporative cooling HMX 
The desiccant-evaporative cooling HMX combines the benefit of the 
regenerative IEHX with the liquid desiccant dehumidification process.  
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Figure 7.1 is a schematic of a one-unit channel pair of the desiccant-
evaporative cooling HMX. The HMX can be formed by numerous channel pairs 
stacking together. In the wet channel, similar to the regenerative IEHX, water is 
injected in the wet channel to maintain a wet condition. In the product channel, 
liquid desiccant is supplied at the beginning section of the channel. At the end 
of the product channel, part of the product air is diverted into the working wet 
channel and is subsequently exhausted to the atmosphere. As shown in from 
Figure 7.1, the diverted product air can be first dehumidified and pre-cooled 
before flowing into the wet channel. Therefore, the air at the starting point of 
the working channel has a high cooling potential. The product air is cooled 
along the product channel by losing sensible heat to adjacent working wet 
channels where the heat is absorbed by vaporizing the water. As a result, in this 
design, it is possible to cool and dehumidify the product air simultaneously in a 
single compact HMX. 
 
7.3 Mathematical formulation 
To establish a mathematical model describing the simultaneous heat and 
mass transfer, following assumptions are made: (1) both the liquid and air flows 
are steady and laminar; (2) thermodynamic equilibrium is attained at the air-
liquid interface; (3) the thickness of the liquid desiccant film is constant; (4) the 
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buoyancy force is not considered; (5) water in the wet channel is considered as 
a thin stagnant film due to the wicking material.  
 
7.3.1 Liquid desiccant film 
Compared with the water absorption rate, the flow rate of the liquid 
desiccant is larger. As a result, the solution flow rate, its mean velocity, and film 
thickness are considered as constants [175,223]. 
Based on the above assumptions and the geometry of the heat exchanger, 
the basic governing equations for the liquid desiccant film are described as 
follows. 




+ 𝜌𝐷𝑔 = 0          (7.1) 
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The film thickness can be expressed as: 
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where 𝐷𝐷 is the diffusivity of water in the desiccant solution, and 𝑐𝐷 is the 
molar concentration of water. 
7.3.2 Moist air 
Another working fluid is the moist air. For the moist air flow in both the 
product channel and working channel, the governing equations can be given as 
follows [224]. 
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where 𝐷𝑎 is the diffusivity of water vapor in the moist air stream, and 𝑐𝑎 is 
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the molar concentration of water vapor.  
 
7.3.3 Boundary and interfacial conditions 
The inlet boundary conditions of the moist air in the product channel are 
specified: 
 𝑢𝑎 = 𝑢𝑎,𝑖𝑛,    𝑣𝑎 = 0,    𝑇𝑎 = 𝑇𝑎,𝑖𝑛,    𝑐𝑎 = 𝑐𝑎,𝑖𝑛       (7.11) 
The inlet boundary conditions of the desiccant solution are given as: 
 𝑢𝐷 = 𝑢𝐷,𝑖𝑛,    𝑣𝐷 = 0,    𝑇𝐷 = 𝑇𝐷,𝑖𝑛,    𝜁𝐷 = 𝜁𝐷,𝑖𝑛       (7.12) 
The boundary conditions at the plate wall are written as: 
 𝑢 = 0,    𝑣 = 0,    
𝜕𝑇
𝜕𝑦
= 0,    
𝜕𝑐
𝜕𝑥
= 0         (7.13) 
In this study, the aqueous lithium chloride solution is employed as the 
desiccant material.  
The driving force for dehumidifying the moist air is the vapor pressure 
difference between the vapor pressure at the air-solution interface and the vapor 
pressure of the main moist air stream.  
The surface vapor pressure of liquid desiccant is influenced by its 
temperature and concentration. A lower surface vapor pressure can be achieved 
by decreasing its temperature or increasing its concentration.  
According to the thermodynamic properties acquired from literature 
[225,226], the surface vapor pressure of the liquid desiccant is obtained through 
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algebraic fitting.  
 𝑃𝐷 = 𝑏1 + 𝑏2𝑇𝐷 + 𝑏3𝜁𝐷 + 𝑏4𝑇𝐷
2 + 𝑏5𝜁𝐷
2 + 𝑏6𝑇𝐷𝜁𝐷     (7.14) 
where 𝑏1= -1.004, 𝑏2= 0.1265, 𝑏3= 0.05982, 𝑏4= 0.003644, 𝑏5= 0.001113, 
𝑏6 = –0.007975, 𝑇𝐷  is the desiccant solution temperature, and 𝜁𝐷  is its 
concentration (mass fraction). The temperature range in Eq. (7.14) is from 20 to 
50 °C, and the concentration ranges from 20% to 40%.  
An equilibrium condition is assumed to be attained at the air-liquid 
interface and the air-vapor mixture is assumed to be an ideal gas mixture. In 
other words, the water vapor pressure of the moist air at the air-liquid interface 
can be evaluated by the surface vapor pressure of the liquid desiccant. Therefore, 
the equilibrium vapor concentration of the moist air at the interface 𝑐𝑎






,   𝑥 < 𝐿𝐷     (7.15) 
where 𝑃𝐷(𝑇𝐷 , 𝜁𝐷)  is the surface vapor pressure of the liquid desiccant 
determined by using Eq. (7.14) under the specific temperature ( 𝑇𝐷 ) and 
concentration (𝜁𝐷) condition,  
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= 0     (7.18) 
In the working channel, the stagnant water film is evenly distributed on the 
wet surface. The moist air at the air-water interface is assumed to be saturated 
under the temperature of the water film. The saturated vapor pressure can be 




+ 𝐶2 + 𝐶3𝑇𝑎𝑏 + 𝐶4𝑇𝑎𝑏
2 + 𝐶5𝑇𝑎𝑏
3 + 𝐶6𝑙𝑛𝑇𝑎𝑏    (7.19) 
where C1 = −5.800 220 6 E3, C2 = 1.391 499 3, C3 = −4.864 023 9 E−2, C4 = 
4.176 476 8 E−5, C5 = −1.445 209 3 E−8, C6 = 6.545 967 3, and 𝑇𝑎𝑏 is the 
absolute temperature. 




       (7.20) 
where 𝑃𝑠𝑎𝑡(𝑇𝑤) is the saturated vapor pressure determined by using Eq. (7.19) 
at the absolute temperature of the water film. The evaporation rate of water is 
governed by the gradient diffusion as: 





       (7.21) 
As a results, the interfacial condition at the water film surface in the 
working wet channel is given as: 
















The heat and mass transfer process in the desiccant-evaporative cooling 
HMX can be evaluated by using the mathematical model as described above. 
The governing equations and boundary conditions are established and 
numerically solved in the software COMSOL Multiphysics. The pre-set 
specifications for the HMX are shown in Table 7.1.  
 
Table 7.1 Pre-set specifications for the HMX 
Parameters Value Unit 
Channel length (L) 1.00 m 
Channel gap (H) 0.005 m 
Liquid film length (LD) 0.1 – 0.3 m 
Plate thickness 0.0003 m 
Liquid film thickness 0.0005 m 
 
7.4 Simulation results and analysis  
7.4.1 Validation  
The model validation process is conducted in two parts: (1) regenerative 
indirect evaporative heat exchanger without the usage of liquid desiccant; and 
(2) liquid desiccant dehumidifier system. 
Firstly, the experimental data presented in Chapter 3 was adopted to 
validate the model for an IEHX without the usage of liquid desiccant. The 
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validation process is the same with the validation part 1 in Section 6.4.1. 
 
Figure 7.2 Comparison between modeled results and experimental data 
 
Secondly, the mathematical model is validated against an experimental 
study on a liquid desiccant system for dehumidification [192]. A plate-fin heat 
exchanger was proposed to internally cool the dehumidifier. The desiccant 
solution/air passages were cooled by the neighboring cooling water passages. 
Simulation has been carried out to replicate the experimental conditions. Figure 
7.2 compares the modelling results with the experimental data [6] in terms of 
the outlet air humidity ratio under varying desiccant temperature. The inlet air 
temperature was 30.5 °C, and its humidity ratio was 13.4 g/kg. The lithium 
chloride solution was used as the liquid desiccant with mass fraction of 37.7%, 
and mass flow rate of 0.1036 kg/s. The temperature of the cooling water was 
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22 °C. The mathematical model shows a good agreement with the experimental 
data and demonstrates a maximum discrepancy within 10%. 
It can be confidently concluded that the computational model is capable of 
evaluating the performance of the desiccant-evaporative HMX by validating 
these two respective parts. 
7.4.2 Psychrometric description of the air treatment process 
 
Figure 7.3 Psychrometric illustration of the air treatment process (T1,in = 
30 °C, w1,in = 16 g/kg) 
The state of air flow in the HMX was predicted to describe the temperature 
and humidity distribution. The assumed inlet air had a dry bulb temperature of 
30 °C, and a humidity ratio of 16 g/kg. The product air inlet velocity was 1.5 
m/s, while the working air velocity was 0.7 m/s. The desiccant film length was 
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0.2 m. Other dimensions of the cooler were maintained under pre-set conditions. 
The simulated air treatment process is illustrated on the psychrometric 
chart as shown in Figure 7.3. 
The intake air flows into the product channel from a state at the point P1. 
When the air first contacts with the liquid desiccant film, it is dehumidified due 
to the water absorption by the desiccant solution. During this mass transfer 
process, the product channel encounters a release of latent heat, while it is 
cooled by the working channel. As a result, in this region of the product channel, 
the product air temperature increases slightly and its humidity ratio decreases. 
After the interaction with the liquid desiccant, the product air is further cooled 
by the adjacent working air without absolute humidity change, so that the 
product air is finally processed to a condition at point P2.  
At the end of the product channel, a part of the product air is redirected 
into the working channel acting as the working air. In the wet channel, the 
working air absorbs heat due to water evaporation. The condition of the working 
air is changed from point P2 to point P3 since it is heated and humidified.  
In general, by combining the advantage of both evaporative cooling and 
liquid-desiccant dehumidification, the product air can be cooled and 









Figure 7.4 Influence of the liquid desiccant film length on the outlet 
humidity ratio of product air under different inlet air temperatures. (a) 
w1,in = 12 g/kg; (b) w1,in = 16 g/kg; (c) w1,in = 20 g/kg 
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The performance of the HMX has been theoretically studied under varying 
conditions. The detailed simulation conditions are indicated in Table 7.2. The 
influential parameters include the liquid desiccant film length, intake air 
temperature, and intake air humidity ratio. In this study, the liquid desiccant film 
length ranged from 0 to 0.3 m. When LD equals to 0 m, the HMX became a 
purely regenerative indirect evaporative heat exchanger. The intake air 
temperature varied from 27.5 to 35.0 °C, while the intake air humidity ratio was 
changed from 12 to 20 g/kg. The inlet air velocity was 1.5 m/s, and working-to-
intake air ratio was 0.5.  
Table 7.2 Details of simulation condition 
Parameter Simulation conditions 
Liquid desiccant film length (LD) 0, 0.1, 0.2, and 0.3 m  
(Four levels) 
Intake air temperature (Tin) 27.5, 30.0, 32.5, and 35.0 °C  
(Four temperature conditions) 
Intake air humidity ratio (g/kg) 12, 16, and 20 g/kg  
(Three humidity ratio conditions) 
Figure 7.4 shows the outlet humidity ratio under varying conditions. It is 
apparent that the product air humidity ratio keeps constant if there is no liquid 
desiccant in the channel. A lower outlet humidity ratio can be achieved by 
increasing the length of the liquid desiccant film. For example, in Figure 7.4 (a), 
the average outlet air humidity ratio is 10 g/kg when LD=0.1 m, while it 
decreases to an average value of 8 g/kg when LD=0.3 m. The decrease of the 
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outlet air humidity ratio may be due to the larger contact area between the liquid 
desiccant and the moist air stream. For a constant desiccant film length, the 
outlet air humidity ratio is influenced by intake air humidity ratio and 
temperature. A higher intake air humidity ratio leads to a larger reduction of the 
humidity ratio through the product channel. The outlet air humidity ratio also 
increases slightly with the increase of the intake air temperature. It may be 
explained as follows. The driving force for the dehumidification is the vapor 
pressure difference between the moist air stream and the air-solution interface. 
The driving force becomes larger when the intake air humidity ratio increases. 
On the other hand, the partial pressure at the solution surface is higher with the 
increase of its temperature, resulting in a reduced driving force. 
 
Figure 7.5 Impact of the liquid desiccant film length on the 




Figure 7.5 further illustrates the influence of the liquid desiccant film 
length and temperature conditions on the dehumidification effectiveness. Eq. 
(2.3) introduces the expression of the dehumidification effectiveness which 
indicates how close the outlet air humidity ratio to the equilibrium humidity 
ratio at the air-solution interface. Figure 7.5 presents a strong positive 
correlation between the length of the liquid desiccant film and the 
dehumidification effectiveness. For example, the average dehumidification 
effectiveness is about 0.33 under the condition that LD is 0.1 m, while the 
average effectiveness increases to 0.62 when the LD is 0.3 m. The temperature 
seems have less impact on the dehumidification effectiveness.  
Figure 7.6 indicates the outlet temperature of the product air under varying 
conditions to demonstrate the cooling performance of the HMX. A lower outlet 
temperature is reached with a longer length of the liquid desiccant film. It is 
probably a consequence of the decreased humidity ratio of the product air as 
illustrated in Figure 7.4. Because of the pre-cooling and the pre-dehumidifying 
processes, the working air has a higher potential to absorb water when its 
humidity ratio decreases. In other words, the working air with a lower humidity 










Figure 7.6 Influence of the liquid desiccant film length on the outlet 
temperature of product air under different inlet air temperatures. (a) w1,in 




Therefore, it is possible to cool the product air below its inlet dew point 
temperature due to the dehumidification, especially when the inlet humidity 
ratio is high. For example, as shown in Figure 7.6, the inlet dew-point 
temperature is 16.85, 21.35, and 24.95 °C, respectively, for these three humidity 
ratio conditions. On the psychrometric chart, the dew-point temperature 
increases with the increase in the humidity ratio. In addition, the dew-point 
depression (T1-T1,dew) is larger when the humidity ratio is low. As a result, the 
outlet air temperature is reduced when the inlet humidity ratio is low.  
 
7.5 Summary  
A desiccant-evaporative cooling HMX, which combines the advantage of 
both liquid desiccant dehumidification system and indirect evaporative cooling 
system, is introduced in this chapter. Theoretical investigation on the heat and 
mass transfer process in the HMX has been carried out based on a validated 
computation model.  
The air treatment process indicated that the product air can be cooled and 
dehumidified simultaneously in the HMX. It can be inferred that the working 
air has a greater capacity to absorb water because of the pre-cooling and the pre-
dehumidifying processes. The detailed thermal performance of the HMX has 
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been evaluated. Simulation results showed that the outlet temperature and 
humidity ratio were influenced by the liquid desiccant film length, intake air 
temperature, and intake air humidity ratio. For a specific inlet temperature and 
humidity ratio condition, a desired outlet condition can be obtained by adjusting 









































Chapter 8 Conclusions and future recommendations 
8.1 Conclusions 
8.1.1 Experimental study on IEHX 
An experimental setup has been designed for testing the thermal 
performance of a counter-flow regenerative IEHX and a cross-flow regenerative 
IEHX. A prototype of the counter-flow regenerative IEHX was constructed in 
the lab. The impacts of intake air temperature and intake air flow rate have been 
investigated by examining the outlet air temperature and cooling effectiveness. 
Experimental results showed that the counter-flow regenerative IEHX obtained 
a wet-bulb effectiveness ranged from 0.51 – 0.71, while it varied from 0.88 - 
1.01 for the cross-flow IEHX. For the counter-flow regenerative IEHX, it was 
observed that the outlet temperature of the working air was slightly lower than 
the outlet temperature of the product air, implying that further improvement can 
be potentially made to obtain a higher cooling effectiveness. The experimental 
study is the basis for further mathematical modelling, IEHX optimization, and 
evaluation of the combined system. 
8.1.2 Fundamental formulation of an analytical model 
The application of LMTD method was effectively extended to investigate 
the indirect evaporative cooling system. An analytical model for the IEHX has 
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been developed based on modifications of the LMTD method which was 
originally used for sensible heat exchangers. The modified LMTD method was 
able to account for the latent heat transfer due to water evaporation. By 
validating the analytical model against with experimental data, the modified 
LMTD method demonstrated its capability of analyzing indirect evaporative 
cooling systems. In addition, the modified LMTD method was able to determine 
the physical size, outlet air temperature and cooling capacity of a specific 
indirect evaporative heat exchanger. Several case studies ascertained that this 
analytical model was a practical approach for designing and analyzing the IEHX. 
8.1.3 Numerical study on an improved M-cycle design 
An improved design of IEHX was introduced. This IEHX had a counter-
flow closed-loop configuration with separate inlets for the product air and the 
working air. The IEHX was able to cool air to temperature below ambient wet-
bulb temperature and approaching dew-point temperature. A numerical model 
has been developed to theoretically study the performance of the dew-point 
evaporative cooler. Optimizations have been made in terms of the inlet air 
velocity and the dimension of the air flow passage. Simulation results showed 
that the cooler could achieve wet-bulb effectiveness of up to 132%. In addition, 
the cooling effectiveness could be potentially improved by employing room 
exhaust air as the working fluid and installing physical ribs along the channel.  
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8.1.4 Use of IEHX as pre-cooler in humid tropical climate 
A hybrid system that combines an IEHX and a vapor compression cooling 
system for humid tropical climate application was introduced. The IEHX was 
employed as a pre-cooling unit to process the outdoor fresh air. When the room 
exhaust air was applied as working air in the IEHX, the outdoor humid air in 
the product channel may condense since the plate temperature may be lower 
than the dew-point temperature of the ambient air. A computational model has 
been developed to study this complicated air treatment process with a possibility 
of condensation in the dry channel. The validated model was used to investigate 
the air treatment process in a conventional counter-flow unit and a regenerative 
unit. Simulation results showed that the second type of IEHX was able to 
produce the air with lower temperature and humidity ratio compared with the 
first type. Simulation results also demonstrated that the combined system will 
potentially lead to appreciable energy savings.  
8.1.5 Combination with liquid desiccant dehumidification 
A compact desiccant-evaporative HMX has been proposed by combining 
the benefits of indirect evaporative cooling and liquid desiccant 
dehumidification. A computational model has been developed and validated 
using experimental data acquired from literature. Then, the heat and mass 
transfer process in the HMX was theoretically investigated based on the 
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validated numerical model. The compact HMX was able to cool and dehumidify 
the product air simultaneously. Simulation was performed to study the impact 
of the liquid desiccant film length, intake air temperature, and intake air 
humidity ratio. Simulation results indicated that a lower outlet humidity ratio 
was achieved by increasing the length of the liquid desiccant film. It was found 
that the dehumidified working air had a greater capacity to absorb water 
resulting in a higher cooling potential. 
 
8.2 Contributions to knowledge 
(1) An analytical model for the IEHX has been developed by making 
appropriate modifications on the conventional LMTD method to 
account for the latent heat transfer due to water evaporation. The 
modified LMTD method has been demonstrated to be a practical 
approach for designing and analyzing the IEHX. 
(2) A novel design of the IEHX with a counter-flow closed-loop 
configuration shows an improvement in terms of the thermal 
performance and the controlling over separate fluid flows. Simulation 
result indicates that the cooler could achieve wet-bulb effectiveness of 
up to 132%. 
(3) Based on simulation results, optimizations of the IEHX have been 
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made as follows: (ⅰ) the inlet air velocity to be below 1.5 m/s; (ⅱ) the 
length of the channel passage should be at least 200 times the height of 
the working channel; (ⅲ) the product channel height would be less than 
10 mm; and (ⅳ) the working channel height would be about half of the 
product channel height. 
(4) The novel IEHX is capable of achieving a higher cooling effectiveness 
by (ⅰ) employing room exhaust air as the working fluid, or (ⅱ) installing 
physical ribs along the channel. 
(5) A numerical model has been developed to study the performance of an 
IEHX used as a pre-cooling unit for humid tropical climate application. 
The numerical model enables a theoretical investigation on a more 
complicated air treatment process with a possibility of condensation in 
the dry channel. 
(6) A novel compact desiccant-evaporative HMX has been introduced. By 
combining the benefits of liquid desiccant dehumidification and 
indirect evaporative cooling, the compact HMX is able to cool and 





8.3 Recommendations for future work 
8.3.1 Improvement on the regenerative IEHX 
Further refinement on the IEHX prototypes should be performed to achieve 
a higher cooling efficiency. For example, the dimension of the air flow passages 
and the flow arrangement may be redesigned. In addition, it is recommended to 
study the performance of a multi-stage IEHX in future. 
8.3.2 Economic feasibility evaluation of the IEHX in tropical climate 
Compared with the conventional mechanical vapor compression system, 
the regenerative IEHX system is relatively immature in the current air-
conditioning market. The present study has not conducted an in-depth 
investigation from practical application point of view for utilizing regenerative 
IEHX in tropical climates. Further feasibility evaluations of the system may 
include (1) evaluating the cooling capacity and the cooling potential of the 
IEHX in a practical application; (2) conducting economic analysis in order to 
understand its commercial feasibility such as capital cost, operating cost, and 
payback period; (3) estimating the energy saving potential of the system. 
8.3.3 Experimental study of IEHX as pre-cooler 
In this study, a theoretical investigation was conducted to evaluate the 
performance of an IEHX with condensation from the product air by employing 
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the room exhaust air as the working air under humid conditions. According to 
the literature review, few works have experimentally studied this complicated 
air treatment process under humid tropical climate. Therefore, further 
experimental study could be performed for developing a more accurate 
numerical model. 
8.3.4 Experimental study on desiccant-evaporative HMX 
Experimental studies are necessary to investigate the real-time 
performance of the HMX. The structure of the desiccant-evaporative HMX can 
be further improved. The effect of different desiccant may be considered in 
order to select an appropriate material. In addition, experimental data is 
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